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Nomenclature   
   
A Area (m2) 
a Bearing Groove Length (m) 
B Bore  (m) 
Ccb Constant for crankshaft bearing term (kPa·min/rev·m) 
Ccs Constant for main bearing seal term (kPa·m2) 
Cff Constant for flat follower term (kPa·m) 
Coh Constant for oscillating hydrodynamic 
term 
(kPa·[m·min/rev]0.5) 
Com Constant for oscillating mixed term (kPa) 
Cpr Constant for piston rings term (kPa.m2·[rev/min]) 
Cps Constant for piston skirt term (kPa.s) 
Cp Specific Heat Capacity (J/kg·K) 
Ctd Constant for turbulent dissipation term (kPa·[min/rev·m]2) 
Cvb Constant for valvetrain bearings term (kPa.m3·[min/rev]) 
c Bearing radial clearance (m) 
D Gallery Diameter  (m) 
Db Bearing Diameter  (m) 
Dv Valve Diameter  (m) 
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h
 
Heat transfer coefficient (W/m2K) 
k Thermal conductivity (W/mK) 
L Gallery length  (m) 
L  Bearing length 3HWURII¶V(TXDWLRQ (m) 
Lv Valve lift  (m) 
ী
 
Mass flow rate (kg/s) 
N Engine Speed (rev/min) 
n Friction index (-) 
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nc Number of cylinders (-) 
nv Number of valves (-) 
P
 
Power (W) 
P Pressure (Pa) 
Pr
 
Prandlt number - ܥ௣ߤ ݇ ?  (-) ሶܳ
 
Heat transfer (W) ሶܳ௛ Hydrodynamic flow rate (m3/S) ሶܳ௣ Pressure driven flow rate (m3/S) 
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                             Chapter 6- ߩ௢ݒ௢ ݀௢ ߤ௢ൗ  (-) 
R Bearing radius (m) 
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S Seebeck coefficient (TEG) (V/K) 
Sp Mean piston speed  (m/s) 
T Temperature (°C)( K) 
U Surface Speed (m/s) ܸ
 
Volume (m3) 
W
 
Load on bearing (nm)  ?  ܺ Distance between element centres (m) 
   
   
Subscripts   
0 At a reference value  
a average  
air Air  
amb Ambient  
b Brake  
b Bearing (viscosity)  
c Combustion (efficiency)  
c Compression  
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conv Convective  
cool Coolant  
cyl Cylinder  
d Discharge  
e Effective  
eng Engine  
ex Exhaust  
f Friction  
fuel Fuel  
fw Value for fully warm  
g Gas  
g Gross (MEP)  
h Hydrodynamic  
i Indicated  
in Temperature at inlet  
ind Indicated  
LHV Lower Heating Value  
m Metal  
man Inlet manifold  
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mist Mist  
nb Nucleate boiling  
o Oil  
o Outlet (Piston cooling jets)  
p Piston  
p Pumping (work)  
pt Port  
r Reciprocating   
s Surface  
s Sump (Temperature)  
sat Saturation  
th Thermal  
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v Volume  
v Valve  
v Valvetrain (Viscosity)  
wu Value during warm up  
Symbols   
 
  
ࢥ Fuel-air equivalence ratio (-) ߟ Efficiency (-) 
µ Dynamic Viscosity (mPa.s) ߩ Density (kg/m3) ߣ Latent heat of vaporisation (°C) ߝ Effectiveness (Heat Exchangers) (-) ߝ Eccentricity (Bearings) (-) ߮ Bearing Attitude Angle (°) 
   
   
Abbreviations   
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Abstract 
 
The research reported in the thesis addresses questions of how engine fuel 
consumption and carbon dioxide emissions are can be reduced through 
improvements in thermal management, lubricant design, and energy recovery.  
The investigations are based on simulation studies using computational models 
and sub-models developed or revised during the work, and results provided by 
complementary experimental studies carried out by collaborating investigators.  
The brake thermal efficiency of the internal combustion engines (ICE) used in 
cars and light duty commercial vehicles is reduced by frictional losses. These 
losses vary with engine design, lubricant formulation and thermal state. They are 
most significant when the engine is running cold or partially warm. Over the New 
European Drive Cycle (NEDC), engine friction losses raise vehicle fuel 
consumption by several percentage points. A version of the computational model, 
PROMETS, has been developed and applied in studies of thermal behaviour, 
friction and engine lubricant to investigate the performance of a 2.0l, I4 GTDI 
spark ignition engine and in particular, how these influence fuel consumption over 
the NEDC.  
Core parts of PROMETS include a physics-based, empirically calibrated friction 
model, a cycle averaged description of gas-to-structure heat transfer and a lumped 
capacity description of thermal behaviour of the engine block and cylinder head. 
In the thesis, revisions to the description of friction and interactions between 
friction, local thermal conditions and lubricant are reported. It is shown that the 
bulk temperature of coolant rather than oil has the stronger influence on friction at 
the piston-liner interface, whilst bulk oil temperature more strongly influences 
friction in crankshaft bearings and other lower engine components. However, 
local oil film temperatures have a direct influence on local friction contribution. 
To account for this, local values of oil temperature and viscosity are used in 
describing local friction contributions. Implementation required an oil system 
model to be developed; an iterative model of the frictional dissipation within the 
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main bearings, and a prediction of piston cooling jet heat transfer coefficients 
have been added to the oil circuit.    
Simulations of a range of scenarios and design changes are presented and 
analysed in the thesis. The size of the fuel savings that could potentially be made 
through improved thermal management has been demonstrated to be 4.5% for the 
engine being simulated. Model results show that of the friction contributing 
surfaces, the piston group is responsible for the highest levels of friction, and also 
exhibits the largest absolute reduction in friction as the temperature of the engine 
rises. The relatively low warm-up rate of the lower engine structure gives a 
correspondingly slow reduction in friction in crankshaft bearings from their cold 
start values.  Measures to accelerate this reduction by raising oil temperature have 
limited effect unless the strong thermal links between the oil and the surrounding 
metal are broken. When additional heating is applied to the engine oil, only 
around 30% is retained to raise the oil temperature due to these thermal links.  
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Chapter 1. Introduction and Background 
 
1.1 Introduction 
This thesis is concerned with the development of a computational model and its 
application in the assessment of engine thermal behavior and efficiency 
improvements. The main area of interest examined here has been engine warm up 
and the use of thermal management to reduce the fuel consumption penalty 
incurred during engine operation before the fully warm thermal state is reached. 
A major driver of work in this area is the imperative to reduce emissions of 
greenhouse gases, particularly CO2, which is produced by the use of hydrocarbon 
fuels in internal combustions engines in the automotive field. Automotive 
transport is a significant contributor to global greenhouse gas emissions. In the 
United Kingdom it accounts for an estimated 20% of the total annual greenhouse 
gases produced, with motor vehicle traffic accounting for 302 billion miles 
travelled according to Department of Transport statistics for 2012 [1] [2]. It is 
estimated that for a typical European car user, 53% of their total fuel consumption 
will be during journeys of less than 10km in length [3]. 
Journeys that occur with the engine starting from cold temperatures account for a 
large proportion of car usage within Europe, with estimates being that between 
25% and 30% of journeys begin with the engine at less than 30°C [4]. Starting 
under cold conditions causes the engine to suffer penalties to both fuel 
consumption and emissions, which continue until the engine temperatures 
stabilise at their fully warm values. The cold start fuel consumption penalty is 
dependent on the engine in question, with values of 15% over the NEDC reported 
for 4.0l inline 8-cylinder gasoline engine [5], and 6% for a 2.7l V6 diesel [6]. A 
large part of this increase in fuel consumption is due to elevated engine friction at 
low temperatures.  
This increased friction is mainly observed in the journal bearings found on the 
crankshaft, and the piston assembly. These components typically account for a 
large proportion of the total engine friction. Due to the separation of the sliding 
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surfaces in the largest friction contributors by a fluid film, friction is greatly 
influenced by the properties of the lubricant. The lubricating oil of the engine is 
significantly more viscous at cold temperatures than it would be when the engine 
is fully warm. 
The need for efficient thermal management is an important area of research due to 
the large number of vehicles that start from cold and the political, market and 
environmental pressures to reduce fuel consumption and CO2 emissions. By 
bringing the engine to a steady thermal state more rapidly, the friction and fuel 
consumption penalty experienced due to cold running can be reduced. Additional 
pressure on thermal management arises from the increasing efficiency of modern 
engines. As the fuel used by the engine is decreased due to gains in efficiency, the 
amount of energy available to warm the engine similarly falls. Fuel saving 
technologies such as stop start, and hybridisation will further compound this effect 
making effective use of the available energy more important. By reducing the rate 
of engine warming, these technologies are reducing their own effectiveness and 
efficient thermal management is necessary to reach the full potential of these 
measures.  
 
1.2 Background 
Pressure on manufacturers to improve the fuel economy of their vehicles is 
increasing, due to a combination of factors. Political, environmental, and customer 
concerns all contribute to the drive towards vehicles that are increasingly fuel 
efficient. The fossil fuels used as the primary fuels for transportation are 
petroleum fractions that have finite reserves. The demand for oil is steadily 
growing, with the global demand of 93 million barrels per day as of 2014 having 
risen by over 10% in the past decade, and with production growing to match this 
[7] [8]. In developed countries, such as the USA where personal wealth is high, 
gasoline and diesel used for transportation often account for large proportions of 
national petroleum usage. Indeed in the USA over 60% of the petroleum used 
each year is consumed in the transport sector excluding those from aviation and 
marine sources [9]. The demand, as a percentage of total oil usage, from the 
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transportation sector is not as great in developing countries, but will rise as the 
number of people who can afford personal motor transport increases.   
Automotive manufacturers are heavily regulated to limit the emission of 
pollutants from their vehicles. The limits depend on the location in which the 
vehicles are sold. Early restrictions were placed on NOx, CO, and hydrocarbons, 
and these were later extended to restrict particulate matter (PM) emissions 
because of concerns over their health impacts, and also to CO2 due to its 
association with climate change.  There is direct correlation between the amount 
of hydrocarbon fuel used by a vehicle and the CO2 emissions which it produces. 
Petrol vehicles will produce 3.1kg of CO2 for every kg of fuel burnt. Other 
pollutants such as NOx, CO, and unburnt hydrocarbons are more dependent on 
engine design, operating conditions and after-treatment systems. European 
regulations on the emissions of passenger vehicles are becoming increasingly 
restrictive over time, in order to reduce the impact of vehicle pollution on the 
environment. This is especially true for diesel vehicles, with the upcoming Euro 6 
regulations focusing heavily on NOx emissions. European Environment Agency 
regulations also govern the permissible fleet average CO2 emissions based on the 
DYHUDJH PDVV RI D PDQXIDFWXUHU¶V YHKicle models and financial premiums are 
levied on manufacturers that fail to meet these targets [10]. The Corporate 
Average Fuel Economy (CAFE) regulations in the USA impose a similar but 
more lenient restriction and are worded in terms of fuel consumption [11].  
The fuel consumption of a vehicle is a published figure of merit and the 
corresponding level of CO2 emissions contributes to fleet target values which 
manufacturers must meet or face financial penalties levied by the EU. Currently 
new vehicles sold in the EU are required to be assessed for emissions and fuel 
economy over the New European Drive Cycle (NEDC) as described in Directive 
70/220/EEC [12]. This standardised test, which was designed to represent a 
typical journey in and around a European city, is conducted from a cold start and 
the results are required to be made available to both consumers and governments 
in Europe. The speed profile of the NEDC over time is reprinted from [13] and 
shown in Figure 1.1. The NEDC is a stylised test profile, and consists of four 
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repeats of a low speed urban cycle, designed to replicate stop-start driving in a 
city, followed by one cycle of higher speed driving to represent driving on a 
motorway. As can be seen in Figure 1.1, the NEDC uses fixed accelerations and 
decelerations as well as periods of constant speed. Other current test procedures 
include the American FTP-75 and Japanese 10-15 mode cycles. The World 
Harmonised Light Vehicles Test Procedures (WHLTP) programme, due to be 
finalized in 2015 is an effort to define a global standard in testing for emissions 
and fuel economy. The choice of drive cycle and the constrictions on the 
technology used, play a large role in the direction of research and development in 
the automotive field. As part of complimentary work undertaken within the 
VIPER project, an approximated NEDC cycle, the aNEDC, has been defined for 
use on eddy current dynamometers. This cycle shows good repeatability and has a 
comparable fuel consumption, engine speed transients and warm up 
characteristics to those of the NEDC. Experimental data from this cycle is used 
for comparison with simulated results. 
 
Figure 1.1 The NEDC speed profile. Reprinted from [13] 
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1.3 Modelling and PROMETS 
Computational modelling of engines is an important tool when investigating the 
effects of engine design changes and assessing performance. Modelling of engines 
has ranged from one dimensional modelling of flows through oil passages to full 
three dimensional CFD packages. Modern modelling software packages allow for 
changes to engine design to be examined with reduced time and cost implications 
compared to iterating physical prototypes. Computational modelling allows for 
responses to a wide variety of conditions to be simulated without using valuable 
time on engine test beds, and depending on the complexity of the model, tests can 
be run at accelerated time scales. In the scope of this project, in which savings 
from individual strategies may account for less than 1% savings, modelling is 
important as it also removes the problem of experimental noise obscuring results.  
The software package discussed in this thesis is the PROgram for Modelling 
Engine Thermal Systems (PROMETS). PROMETS has been developed at the 
University of Nottingham and is a collection of subsystems that model important 
thermodynamic processes in an internal combustion engine, namely cylinder and 
port heat flux, frictional losses, coolant heat transfer, oil heat transfer, exhaust gas 
temperature, fuelling predictions and heat transfer with the engine structure. The 
PROMETS model uses a lumped capacity representation of the engine, which is 
generated using the PROgram for creating GENeric engine representations 
(PROGEN). This representation relies on the input of a number of fundamental 
engine dimensions to modify generic engine templates and build the lumped 
capacity description of the desired engine. The model allows for the simulation of 
a single representative cylinder, or a full multi-cylinder simulation. Unless data on 
the thermal interaction between cylinders is required, the single cylinder model is 
capable of producing results comparable with the multi-cylinder model and scales 
appropriate predictions such as gas side heat transfer and fuel consumption by the 
number of cylinders [14]. The PROMETS model is discussed in more detail in 
Chapter 3.  
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1.4 Experimental engine  
The studies reported in this thesis draw upon experimental work carried out on an  
engine referred to as the VIPER engine. This is used in light duty vehicles 
manufactured by both Ford and Jaguar, in models such as the Ford Mondeo, 
Jaguar XF and Land Rover Evoque. It was supplied for testing by Jaguar Land 
Rover and is an inline 4 cylinder 2.0 litre 16 valve gasoline turbocharged direct 
injection unit. The camshafts are in a double overhead configuration, and are 
chain driven with direct acting roller followers and oil pressure actuated variable 
valve timing. Both the cylinder head, and the engine block are constructed from 
cast aluminium. Engine instrumentation and data acquisition are described in 
more detail in [15]. More specific description of oil circuit instrumentation is 
included in Section 5.2. 
1.5 Project aims and objectives 
The aim of this project is to take the existing PROMETS model, and enhance its 
functionality to give a more complete description of the interactions between 
thermal systems and friction behaviour in the engine. With this model, methods of 
altering the thermal balance of the engine will be investigated with the intention 
of reducing the fuel consumption penalties experienced during cold and sub-warm 
engine running in the NEDC.  
To achieve the aims of the project, the following objectives have been laid out. 
Firstly, the oil circuit representation included in the standard PROMETS model 
will be reworked to represent the oil circuit found in the VIPER engine. This will 
allow better predictions of the response of oil temperature and viscosity to 
changes made to thermal coupling around the engine. The main differences 
between the stock and VIPER oil circuit is the addition of piston cooling jets, 
which will dramatically alter the heat distribution around the engine, and the 
position of the internal galleries, which are positioned significantly closer to the 
cylinder in the VIPER engine.  
The first objective will be to change the method in which engine friction is 
calculated to account for changes in oil viscosity with temperature. The current 
version of the model uses changes to bulk oil temperature to evaluate the friction 
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response at all of the rubbing surfaces. This will be changed so that the thermal 
conditions at the key engine locations of the rubbing surfaces are considered when 
evaluating friction. The model will be calibrated against a modern engine and 
lubricant to adjust empirical constants formulated against older data.  
As an improvement to the oil circuit, a model of the main bearings will be 
included; this will predict the temperature of the oil film in the bearings. To do 
this an energy balance for the bearing which considers the heat retained in the film 
as well as the conduction into the surrounding metal elements will be 
implemented. Additionally, to increase the fidelity of the heat transfer predictions 
in this region, the number of elements surrounding the bearing will be increased. 
The heat transfer of piston cooling jets to the oil will also be modelled.  
The improvement of the friction and oil predictions should tie together to improve 
the description of the thermal-friction interactions in the engine, and provide a 
more realistic model to investigate friction responses when perturbations to the 
HQJLQH¶VWKHUPDOEDODQFHDUHPDGH 
 
1.6 Thesis layout and content 
This thesis consists of the following chapters: 
Chapter 2 covers a review of the literature that is relevant to modelling, thermal 
management, friction and improving fuel economy. 
An introduction to and description of the current state of the PROMETS model 
and its major sub models will be given in Chapter 3. Specific focus has been 
centred on the oil and friction sub models, given that they are the most relevant to 
the work contained in this thesis. Areas have been identified in which progress is 
required. 
The updated local temperature based friction model will be discussed in Chapter 
4. Decisions made in the choice of critical temperatures used to calculate friction 
is explained, and the rationale behind the selection of viscosity response indices is 
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given. Validation against a range of steady state and transient test conditions is 
also included. 
Chapter 5 contains the work done in updating the representation of the oil circuit 
in the PROMETS model to bring it in to line with the VIPER engine. Description 
of a bearing model and piston cooling jet model will be included along with 
validation of simulated results against experimental data. 
In Chapter 6, the VIPER engine fuel consumption is assessed over the aNEDC. 
The potential benefits of external heating of the oil are predicted. The effect of 
increasing the coupling between the coolant and oil has been determined by 
increasing the effectiveness of the oil cooler. Investigations into the effects of 
insulation on oil pathways are also examined.  
Chapter 7 contains the discussion of the work contained in the thesis, and the 
major conclusions of the work. 
 
1.6 Project context 
The research forms part of a larger project concerned with the thermal behavior of 
HQJLQHVDQGWKHDXWKRU¶VFRQWULEXWLRQVUHYROYHDURXQGWKHGHYHORSPHQWand use of 
computational modeling of engine thermal behavior and friction, in particular 
PROMETS, a lumped capacity model. The project is named Vehicle Integrated 
Powertrain Energy Recovery (VIPER) and is a being undertaken by a consortium 
which includes the University of Nottingham, Ford, Jaguar Land Rover, BP, IAV, 
CPT, Dana and Imperial College. The overarching goal of the project is to realise 
a 4.5% reduction in Carbon Dioxide emissions over the New European Drive 
Cycle. This is to be done by optimizing the use of energy using both changes to 
conventional engine design, and through use of new technologies to harness heat.  
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Chapter 2. Literature review 
 
2.1 Introduction 
In this chapter, relevant research concerned with reducing the fuel consumption of 
automotive engines is examined. The use of computers to model engine systems is 
important to this work, and covers a wide range of approaches and objectives. 
Therefore the modelling of thermal systems and friction is focused on. 
The fuel consumption penalty incurred by running the engine at sub-optimal 
temperatures is described before investigations into reducing this are explored. 
Current trends in the automotive industry are also covered and possible conflicts 
between technologies identified.  
 
2.2 Tribology fundamentals 
Mechanical frictional losses account for the difference between the net work done 
on the piston from the in cylinder gases, the brake work output to the driveshaft 
and the electrical output to the battery. Friction acts to raise the fuel consumption 
of the engine, and increases the wear on the rubbing surfaces.  
Friction losses in an engine can be broken down into the power lost at the rubbing 
surfaces and the ancillary losses on the crankshaft. Pumping work can also be 
considered as a friction loss, but this is not accounted for when considering net 
work. 
The pumping losses describe the work lost in moving gases into and out of the 
engine as air is drawn into the cylinder during the intake stroke, and exhaust gases 
are removed during the exhaust stroke. Ancillary losses arise due to the load 
placed on the crankshaft as a result of driving the ancillaries required to run the 
engine.  
The rubbing friction is the force that occurs between two surfaces in relative 
motion, and the contributors in the engine can be divided into the piston assembly, 
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the crankshaft and the valvetrain. Of these, the piston is the dominant source of 
friction, making up between 50 and 60% of the total engine friction. The bearings 
contribute around 20-30% and the valvetrain contributes 10-20% [16] [3]. These 
proportions vary with engine type and design.  
Each rubbing surface can be considered to be operating in one of three main 
lubrication regimes, which have different characteristics when it comes to 
frictional response to factors such as relative speed or temperature. The Stribeck 
curve in Figure 2.1 (reprinted from [17]) shows the regimes of lubrication 
experienced by the rubbing surfaces. Here, the coefficient of friction is plotted 
agains a duty parameter which is a function of oil viscosity, relative speed 
between the surfaces, and load. Hydrodynamic lubrication, experienced in the 
piston and the bearings occurs when there is an oil film of sufficient pressure to 
separate the surfaces completely. The friction here is due to shear in the oil film. 
Mixed friction occurs as the thickness of the film is reduced enough to allow 
contact between the asperities from each surface. Accordingly, the coefficient of 
friction begins to increase. Boundary friction occurs during full metal to metal 
contact, and friction is highest in this regime. Here, the material properties of the 
metal dominate the friction forces. Elasto-hydrodynamic lubrication is a special 
form of hydrodynamic lubrication where the surfaces deform due to load, and 
allow the formation of a fluid film.  
Figure 2.1 The Stribeck Curve. Reprinted from [16]  
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2.3 Friction modelling 
Friction losses will impact the fuel consumption of the engine, as well as heat 
rejection to the coolant and oil systems, making accurate prediction important to 
engine simulation. There are several approaches to modelling engine friction. 
These range from simple models that aim to predict friction from whole engines, 
to more detailed models that break down friction contributions to their individual 
contributing parts. Models tend to fall into the category of either crank angle 
resolved formulations which aim to predict friction levels at any point during the 
crank rotation, or cycle averaged variants which predict a mean friction level.  
An early crank angle resolved model was put forward by Rezeka and Henein [18] 
for a diesel engine. Here, the variation in flywheel angular velocity were used to 
characterise the instantaneous friction forces, based on the gas pressure on the 
piston, the inertial forces of the engine and the load on the crankshaft. This code 
was subsequently used in work by Kouremenos et al. [19] and further investigated 
by Rakopoulos et al. [20] [21]. This approach used a physical formulation with 
empirical correction coefficients. The conclusion of [20] was that maximum 
combustion pressure in diesel engines has a very weak effect on engine friction, 
mainly due to the large influence of engine speed.  
A more fundamental version of the model presented in [18] was developed by 
Taraza and Henein [22] which reduced the number of parameters that must be 
input to the model.  
Zweiri et al. [23] developed a crank angle resolved model using a mostly physics- 
based analysis of lubrication regimes. Friction is calculated as a torque for each 
assembly. A similar approach was taken by Livanos and Kyratos [24], whose 
model also included predictions of oil film thickness. 
Patton et al. [25] created an example of a cycle averaged model, which will be 
referred to as the PNH model in this work. The model was based on empirical 
results from engine teardown tests, along with assumptions of lubrication regimes. 
This model predicted FMEP values as opposed to the torque predictions of those 
previously described. Friction predictions were separated to predict for each of the 
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major rubbing components: the crankshaft, pistons, valvetrain and auxiliary. All 
components were assumed to be lubricated in one of the hydrodynamic, mixed or 
boundary lubrication regimes. Equations were developed to reflect the 
dependence of friction on basic engine design and operating parameters. 
Constants for each term were used to match predictions to experimental data. Due 
to its modular and physically based formulation, a version of this model was 
implemented in PROMETS to calculate engine friction at fully warm running 
conditions.  
The original PNH friction model was improved in subsequent work by Shayler 
and Leong [26] and Sandoval and Heywood [27] to account for changes in engine 
friction during warm up by correcting for oil viscosity and give better agreements 
with experimental results. In [27], assemblies that are lubricated in the 
hydrodynamic regime are selectively corrected for viscosity based on the 
temperature of the bulk oil. This differed from the previous viscosity correction 
implemented in PROMETS in which a global correction was applied, regardless 
of lubrication regime, and in contradiction with the Stribeck curve. The curve and 
Stribeck number show hydrodynamic friction increasing with oil viscosity and 
speed, but no effect in the boundary or mixed lubrication regimes. 
Shayler and Leong [26] made a concurrent and similar revision to the model. This 
differed to the Heywood approach as each individual assembly had separate 
indices in the viscosity ratio as opposed to a universal value of 0.5 in the 
Heywood revision, and there were several other modifications to the terms and 
constants to reflect the engine under consideration as well as improved 
understanding of friction behaviour. The viscosity indexed used in this work are 
given in Table 2.1. Friction dependence on oil viscosity was introduced for the 
mixed and follower contributions in the valvetrain and all piston components. The 
turbulent dissipation term in the crankshaft group was removed as it was assumed 
to be taken account of in the work required to pump the oil. The auxiliary friction 
term was broken down to include separate equations for all three of the main 
auxiliary components: the coolant pump, oil pump and fuel pump.  
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Table 2.1 Viscosity Indexes for the Shayler Leong friction model [26] 
Component Viscosity Index  
Crankshaft 0.4 
Piston 0.3 
Valvetrain 0.7 
Oil Pump 0.3 
Water Pump 0.7 
Fuel Pump 0.5 
 
2.4 Reduction in fuel consumption 
The reduction of engine fuel consumption is a multi-disciplinary field of research 
and in this section some of the techniques that are either currently used, or are 
under development are examined. Current trends in the automotive industry 
towards improved fuel economy are described. Due to the importance of friction 
and thermal management on this work, particular attention will be paid to these 
areas. 
2.4.1 Current industry trends 
One of the most apparent of the current trends in industry is the downsizing of 
spark ignition engines to provide the power output of a larger engine at a lower 
fuel and emission cost. This is achievable with the use of forced induction 
methods such as supercharging or turbocharging to restore power lost through the 
reduction in engine displacement. The engine used as part of the VIPER project, 
and described in Chapter 1, is a 2.0l turbocharged direct injection engine, that was 
used by Jaguar to replace a 3.0l naturally aspirated V6 engine in their XF model. 
The two engines provide very similar peak power (177kW and 175kW 
respectively) but the fuel consumption of the smaller engine was 18% better over 
the NEDC cycle. This is in line with parametric analysis of the effect of engine 
downsizing performed by Shahed and Bauer [28] who predicted fuel consumption 
benefits of 20% when downsizing by 40%.  
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During the low speed and load conditions that are representative of the majority of 
real world driving, the efficiency of spark ignition engines is low due to the 
throttling of the intake air. Reducing the engine displacement will allow the 
engine to run at a higher load for a given engine speed which reduces the pumping 
losses [29]. The higher specific power of downsized engine will lead to higher oil 
temperatures which will in turn reduce engine friction, but at the cost of additional 
oxidative stress on the lubricant [30]. 
There are drawbacks to the use of small turbocharged engines. Turbocharging 
gasoline engines can make them more susceptible to knock due to higher in 
cylinder pressures and temperatures. The use of direct injection can reduce the 
likelihood of knock by cooling the air charge in the cylinder which also serves to 
improve the volumetric efficiency of the engine [31].  
The use of variable valve train systems can allow the deactivation of the cylinders 
by eliminating airflow into the cylinder and has been shown to have beneficial 
effects on fuel economy for spark ignitions automotive engines. In [32], Leone 
and Pozar reported a reduction in pumping losses of up to 15% at light load, and 
predicted fuel consumption benefits of up to 11% for large displacement 
passenger vehicles in the FTP-75 drive cycle. As with engine downsizing, there 
are drawbacks to cylinder deactivation. Noise Vibration and Harshness (NVH) 
issues, idle stability and knock were all identified in [33] as limiting factors. 
Hyrbidisation, or the use of multiple energy sources in a single vehicle, is another 
current technology that is becoming more prevalent. Hybrid vehicles offer lower 
fuel consumption and emissions over regular ICE vehicles, but at higher 
manufacturing costs [34]. Analysis of lifetime cost of current hybrid vehicles in 
[35] has shown that the breakeven point for the customer is between 6 and 12 
years when compared to the cheaper purchase price but higher running costs of a 
conventional vehicle.  
Electrical hybrid systems are offered by several manufacturers and generally fall 
into one of two major categories. Parallel hybrid vehicles such as the BMW i8, or 
Toyota Prius couple both an internal combustion engine and an electrical motor to 
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the driveshaft and allow power to be supplied by each individually, or by both in 
tandem. Series hybrid V\VWHPVDVIHDWXUHGLQ1LVVDQ¶V/HDIuse the ICE to power a 
generator which produces electricity that can either be used to charge a battery or 
drive an electric motor that is connected to the driveshaft [36] . 
 
2.4.2 Thermal management and promoting engine warm up 
Reducing the time taken for the engine to reach fully warm conditions is one 
method to reduce fuel consumption over the NEDC cycle, by reducing the penalty 
to engine friction that comes with colder oil temperatures. There have been 
several different approaches to this. These generally revolve around manipulation 
of either the coolant or the lubrication circuits. 
Choukroun and Chanfreau [37] introduced electronic control to an engine coolant 
circuit in order to optimize the warm up rate of the engine. Use of an electric 
water pump, thermostat valve and a variable speed fan gave them much greater 
control over the coolant circuit and consequently they were able to delay 
thermostat opening in the engine until it reached 110°C during part loaded 
running. The reduction in fuel consumption was reported to be between 2 and 3% 
over an NEDC cycle. 
A similar approach was taken by Cortona et al. [38], who also replaced the 
mechanical water pump, and wax thermostat valve with electrical models. They 
showed savings of 3% in terms of fuel consumption over the NEDC. Similar 
results for this strategy were reported by Edwards et al. and Geels et al. [39] [40]. 
Increased coolant temperatures caused higher temperatures in the engine oil, 
which consequently reduced engine friction. Also presented, was the ability to run 
the electrical coolant pump at much lower speeds and consequently lower flow 
rates throughout the NEDC. This reduced the energy consumption of the pump, 
even given the added inefficiency of the alternator supplying the power to the 
pump as opposed to the efficiency of the mechanically driven pump usually fitted 
to a vehicle. 
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Bent [41] used electrical coolant pumps to stall the coolant flow until cooling was 
required and also pulsed to flow once the engine reached fully warm to minimise 
ancillary losses whilst still providing adequate cooling. Results showed a 0.5% 
reduction in fuel used over a 30 minute constant speed warm up. 
Brace et al. [42] used a variable flow oil pump as well as a second oil cooled EGR 
cooler in parallel with a coolant cooled EGR unit to increase oil temperature over 
the baseline warm up rate. The greatest savings seen in these experiments were 
given by the variable flow pump, with the EGR cooler giving slightly lower 
benefits. 22g of fuel was saved over the NEDC which translates to a 2% saving 
for the engine under consideration. 
There have been several investigations into the use of thermal stores as ways to 
improve the warm up rate of engines. Schatz [43] used a thermal battery that 
relied on a phase change salt mixture inside an insulated tank. This device allows 
the salt solution to melt during engine operation, and maintains the temperature of 
the solution overnight, before cold fluid is flushed through the tank causing the 
solution to solidify and provide heat to the coolant. Heating of between 50 and 
100kW were reported to be available for 10 seconds, before the heat transfer 
levelled off. Fuel economy improvements of 14% over the first phase of the FTP-
75 cycle were recorded. By using only a single phase of a drive cycle, the fuel 
penalty experience is proportionally larger that it would be if the technology were 
to be evaluated over a full cycle, inflating the percentage fuel economy gains.  
More recently, Kuze et al. [44] have used a tank that does not rely on a phase 
change solution, and instead captures hot coolant in an insulated tank. This system 
was able to maintain coolant temperature above 50°C for more than 36 hours from 
a 90°C starting temperature. More modest improvements in fuel economy of 5-6% 
over a 10 minute drive from cold start were seen using this tank system.  
By encapsulating the engine with insulating material, Bent [41] was able to 
demonstrate a 5°C increase in engine starting temperature after a 12 hour soak 
from fully warm operation. This translated to a fuel saving of 1.1% over the 
NEDC. Due to the presence of a power take off instead of a gearbox on the 
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engine, it was suggested that the cool down rate was slower than if the technique 
was applied to a vehicle.  
A paper by Kunze et al. [45] simulated the most beneficial use of energy in terms 
of pre-heating vehicle components. 2 Mega joules of energy was taken; roughly 
double that available during high heat flow operation from systems described by 
Schatz, to heat the fluids which accompany each of the engine, gearbox or rear 
axle drive. The greatest fuel economy improvements over the NEDC were seen 
when the energy was used to heat the gearbox and rear axle drive oil, using 75% 
and 25% respectively. The lowest benefit came when all of the energy was used to 
heat the engine coolant, closely followed by heating the engine oil. These methods 
reduced fuel consumption by roughly 1% over the NEDC, around half of the 
benefit seen by heating oil in the gearbox and rear axle drive. This was due to the 
higher volume of fluid. These results proved hard to replicate experimentally.  
Another approach was taken by Law et al. [46], who investigated the effect of 
changing oil sump design on oil temperature. By altering oil flow paths in the 
sump, they were able to redirect hot oil that had already been circulated around 
the engine, more directly to the pump pickup, essentially reducing the amount of 
oil in circulation during the warm up. This increased the temperature of the oil 
being circulated by the pump, and supplied to the engine. It was observed that 
although the temperature of oil entering the pump was increased by over 25°C, 
that by the time the oil had reached the main gallery, the increase had reduced to 
around 5°C for a test started at 20°C.  Consequently, it was difficult to show 
improvements in engine friction in these cases. However, in tests conducted from 
a -10°C start, the delta T recorded in the main gallery against those found when 
using a standard sump more than doubled at one point during the test, and were 
maintained over a longer period. This reduced engine friction by 50kPa from the 
baseline test at 2000RPM. 
These results seem as if they would provide good synergy with recent experiments 
done by Roberts et al. [47]. This study considered a single oil gallery, 380mm in 
length, which is representative of the VIPER oil gallery. This gallery was 
insulated using 2mm nylon insulation in an attempt to reduce heat transfer from 
29 
 
the oil to the structure during warm up. Results showed a greater temperature 
difference between the oil and the metal used to simulate the engine structure 
when insulation was applied, which implied a reduced heat transfer between the 
two. Simulations of the test predicted that the amount of energy lost to the oil 
would be reduced from 7% of the total energy input to the oil, to 2.75%. This 
equated to a predicted rise in gallery temperature of 0.5°C.  
 
2.4.3 Friction reduction 
Another approach to reducing fuel consumption is the reduction of engine friction 
outside of thermal means. This usually focuses on the use of surface finishes, low 
viscosity oil and modifiers, and mechanical changes to the design of the rubbing 
surfaces.  
Work by Ryk et al. in [48] [49] assessed the performance of flat faced piston rings 
subjected to Laser Surface Texturing (LST) over traditional barrel shaped gas 
control rings in terms of the friction produced. By creating micro-dimples of 
around 80µm diameter in the face of the piston ring, a large hydrodynamic effect 
was created, and a reduction in friction of 30% was demonstrated experimentally 
over the traditional barrel shaped piston rings, albeit at the small range of engine 
speeds that was available with the experimental set up.  
Another method that has been investigated when considering how to reduce 
friction in the piston assembly concerns the coating of piston rings or the piston 
skirt in a low friction, low wear substance. One notable example of these are 
Diamond Like Carbon (DLC) films. The properties of these coatings are highly 
variable and depend upon factors such as deposition process, substrate material 
and the presence of other elements in the film [50]. Experiments by Erdemis [51] 
show that hydrogenated DLC films exhibited coefficients of friction as low as 
0.003, a value 200 times lower than an ahydrogenated sample tested. This low 
coefficient of friction make the application of DLC films to engine components 
quite appealing, with work carried out into the application of films onto many 
different engine components. It should be noted though that only areas of the 
engine in which mixed or boundary lubrication are present will benefit, as the 
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separation of surfaces by a lubricant film as seen when a component is lubricated 
hydrodynamically will not allow any of the physical properties of a DLC film to 
influence friction [52]. This still leaves the piston rings and valvetrain as suitable 
candidates for friction reduction through DLC film coating. A study into the 
behavior of different ring coatings when lubricated with an ethanol fuel blend and 
engine oil showed that although the rings coated with DLC showed the lowest 
coefficient of friction when lubricated with standard mineral oil, the result was not 
significantly lower than that obtained when using a standard nitride steel ring with 
a coefficient of approximately 0.11 compared to that of 0.115. When the oil was 
replaced by one containing a Molybdenum friction modifier, the results actually 
favored the nitride steel ring. It is unclear from the paper what kind of DLC film 
had been used in the experiment. The work on DLC coatings in the valvetrain, 
presented by Gangopadhyay et al. [53] shows that a small reduction in friction 
was seen in the valvetrain, but only when the component was unlubricated. Under 
lubricated conditions, valve buckets coated with DLC exhibited higher levels of 
friction than those with no coating. It seems from the literature, that although 
DLC testing in isolation has shown very promising results when it comes to 
friction reduction, that the practical applications in engines seem limited from a 
perspective of reducing friction. The benefits of DLC in both cases mentioned 
seem to be degraded by the introduction of lubricant. The use of DLC films may 
play a part in protecting the engine in the case of oil starvation. This also 
highlights the importance of lubricant choice and performance on the levels of 
friction in an engine. 
In a 2009 paper, Fontaras et al. [54] studied the benefits of using low viscosity 
synthetic 0W-30 oils over higher viscosity 15W-40 mineral oils and 0W-40 
synthetic oil. They reported reductions in Carbon Dioxide emissions of around 3% 
when using the low viscosity oil versus the 0W-40 oil. Surprisingly, this reduction 
was more pronounced than that observed between the low viscosity and the 
mineral oils. No consideration of any additives that may have been present in any 
of the oils was made in this paper, and these can have significant effects on the 
properties of the lubricant, as will be discussed later. The fuel consumption 
findings presented by van Dan et al. [55], in which a baseline 15W-30 was shown 
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to give 0.8% better fuel economy than a 15W-40, and 0.4% poorer fuel economy 
than a 5W30, are in agreement with the research by Fontaras. Tanaka [56] showed 
that using a 0W-20 lubricant would have similar effects on engine fuel economy, 
but also noted that the effects on engine wear were negligible when changing to 
this grade of lubricant. 
Oil additives can be used to enhance the properties of oil in several ways. 
Common friction modifiers include oleochemical based (i.e. those derived from 
plants or animals) modifiers and Molybdenum based substances. Friction 
modifiers work by forming thin films on surfaces that have coefficients of friction 
lower than those of the surfaces themselves. The addition of a friction modifier to 
a baseline oil carried out by Sutton et al. [57] gave fuel economy improvements of 
1% over the CEC M111 test cycle, which is a test designed to evaluate lubricant 
performance over conditions similar to the NEDC. No mention is made of what 
H[DFWO\ WKH IULFWLRQ PRGLILHU ZDV RWKHU WKDQ LW ZDV D ³QHZ´ RUJDQLF IULFWLRQ
modifier by Lubrizol. 
Several studies have shown reduced friction when starving journal bearings of 
lubricating oil. Oil starvation of journal bearings can be accomplished by either 
reducing the width of the oil supply groove, or by reducing the feed pressure. 
Early work by Heshmat and Pinkus [58] observed that the reduction in power loss 
in the bearing was due to two main factors. Firstly, the starved bearing was able to 
support a film of smaller extent. This would reduce the shearing losses in the film. 
Secondly, the temperature of the film was increased due to the smaller volume of 
oil present. This led to lower oil viscosity and lower friction. Tanaka [59] reported 
the same effect of starving the journal bearings. Starvation also led to increased 
EHDULQJ HFFHQWULFLW\ ZKLFK QHJDWLYHO\ LPSDFWHG WKH EHDULQJ¶V DELOLW\ WR VXSSRUW
load. In addition to the reduced frictional losses in the bearings due to starvation, 
the opportunity for a reduction in ancillary losses exists, as reduced feed pressure 
will require less work from the oil pump.  
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2.5 Discussion 
The approaches to thermal management of internal combustion engines adopt the 
common goal of increasing the rate of warm up of the engine and its fluids in 
order to reach the fully warm operating temperature earlier. Methods of achieving 
this have ranged from heat exchange devices, to thermal optimization or energy 
recovery.  
Reductions in fuel consumption of up to 3% have been reported in the literature 
through better thermal management. The potential for thermal management is an 
important starting point when assessing the usefulness of an approach. The works 
mentioned utilizes a variety of different engine capacities in their work, with 1.4 
and 1.6l engines used in [37], and 3.0l engines used in [45]. Larger engines will 
HPSKDVLVH WKH HIIHFW RI WKHUPDO PDQDJHPHQW WHFKQLTXHV RQ DQ HQJLQH¶V IXHO
economy. 
Modelling of the improvements that can be made through thermal management 
often over-predicts the effects of an approach to the fuel consumption of the 
engine. This is because the complex thermal interactions around the engine are 
often not being taken into account [60].  A review of modelling techniques carried 
out here showed that the benefits of using variable flow oil pump were only half 
of the simulated benefits, because the reductions in heat transfer resulting from 
reduced oil flow rates in the engine was not considered. This highlights the need 
for a computational model that is able to include the thermal interactions between 
the engine fluids and the structure into account, and make appropriate friction 
predictions that allow for such.  
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Chapter 3. The PROMETS model 
 
3.1 Introduction  
In this chapter, the history and background of the PROMETS model are 
described, to give an understanding of the purpose and scope of the model, and 
contributions from previous authors are identified. The rest of the chapter is 
concerned with an overview of the state of the model at the start of the project to 
describe the starting point for the work contained in the rest of the thesis. The 
engine dimensions and characteristics required for PROGEN to create a lumped 
capacity representation are listed along with the required test conditions. Finally, 
descriptions of each of the 7 sub models that make up PROMETS will be given 
along with their main governing equations.  
3.2 PROMETS History and Development 
PROMETS was developed at Nottingham University in collaboration with Ford 
Motor Company in order to simulate thermal behavior and other influences on the 
fuel economy of a range of engine types. The early work on PROMETS was 
reported by Christian [61] who developed a single cylinder, 23 element lumped 
capacity model written in C code. The results from this model compared 
favorably with those from existing Finite Element engine models, while being 
significantly more efficient in terms of the time and computing power required. 
Comparisons made in [61] showed high levels of agreement between the lumped 
capacity and finite element solutions when predicting cylinder temperatures 
during warm up, and when modelling valve train temperatures in [62]. The 
program included sub-routines describing in-cylinder heat transfer, oil heat 
transfer, coolant heat transfer and frictional dissipation.  
PROGEN was developed to support the generation of the lumped capacity 
elements representing the engine structure and coolant volume. Data from 
analysis of engine design constraints and physical ratios found in production 
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engines were used to construct generic engine templates. Given certain 
IXQGDPHQWDO DWWULEXWHV RI WKH HQJLQH¶V GHVLJQ IRU H[DPSOH WKH ERUH VWURNH
number of bearings and materials, PROGEN can build the templates into a 
lumped capacity representation of an engine with predicted mass and heat transfer 
characteristics. 
Over the course of several more projects, the PROMETS model was expanded 
and refined, growing in complexity but still retaining its computationally efficient 
nature.  
Yuen [62] added elements to represent the valves in both the intake and exhaust 
sides of the cylinder head as well as implementing solutions to calculate heat 
transfer around the intake and exhaust ports. Additionally, a model for predicting 
exhaust gas temperature was developed based on an engine energy balance, which 
also allowed for the effect of spark advances to be taken into consideration. 
Pinkerton [63] modified both PROMETS and PROGEN to allow for consideration 
of V-type engine designs, where both had previously only described inline 4 
cylinder engines. Improved methods for predicting engine fuel consumption, as 
well as a friction model were added by Chick [64]. Fuel consumption was 
calculated using an iterative process that related gross indicated mean effective 
pressure to rate of fuel release, fuel lower heating value, combustion efficiency 
and gross indicated thermal efficiency. The friction model added was the PNH 
model mentioned in Chapter 2. Improvement to the gas side heat transfer 
correlation was done by Shayler et al [65] to form the QC1C2 correlation that 
separated the heat transfer rates for the cylinder and the exhaust port, allowing for 
greater fidelity in the description of heat transfer to the structure and the coolant 
from the working gas. Further refinement against experimental friction data was 
carried out by Leong [33], who implemented the improved PNH model that 
allowed each friction causing member to respond individually to changes in bulk 
oil temperature. The entire model was moved over to run in the Simulink 
modelling environment by Morgan [14], and rewritten in M code. Simulink 
provides a graphical user interface to manage the model and allows for a 
hierarchical model structure that was well suited to the PROMETS system. Law 
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[66] conducted work on the diesel version, and added models describing heat 
transfer around the piston and the interaction with piston cooling jet oil flow. 
Additionally, the number of elements surrounding the crankshaft main bearings 
was increased and the oil flow rate and thermal-friction interaction better 
described.  
To summarise, work has been continuing on the PROMETS model for over 20 
years, with a constant stream of improvements and updates, as well as a 
divergence between the spark ignition and diesel versions, as well as the in-line 
and V versions of the model. Not all changes have been integrated into all 
versions of the model, and it is often difficult to track the origins of certain pieces 
of the model.  
3.2 The current PROMETS and PROGEN models 
Each of the variants of PROMETS mentioned previously (Gasoline, Diesel, 
Inline, V-type) and be run in either single, or multi-cylinder mode. In single 
cylinder mode, the state of each cylinder is assumed to be identical and the 
coolant in the head and in the block is considered a uniform mass. When multi-
cylinder mode is run, differences in boundary conditions for each of the individual 
cylinders and the coolant path through the engine are considered; the inboard 
cylinders are said to be adiabatically connected on both sides while the outboard 
cylinders have outer surfaces that are connected to ambient conditions.  
The version of PROMETS referred to in the rest of this work will be the single 
cylinder representation of an inline 4 cylinder spark ignition engine, and the 
corresponding version of PROGEN. In this section, the model is described in the 
form before revisions were made as part of the project. 
The PROMETS model itself consists of 7 subsections which represent important 
systems of the engine. There are the Cylinder and Port Heat Flux, Frictional 
Losses, Coolant Heat Transfer, Oil Heat Transfer, Exhaust Gas Temperature, Fuel 
Flow Prediction, and Structure Heat Transfer. These subsections are explored in 
the coming sections. 
36 
 
The 4 cylinder gasoline version of PROGEN generates a representation of the 
engine consisting of 41 lumped capacity elements of varying physical and thermal 
properties, depending on the specified materials and design constraints. Element 
sizes vary throughout the model: areas of greater complexity, or those expected to 
experience greater thermal gradients, such as the valve and intake/exhaust ports 
require higher resolution, and therefore smaller element sizes. Areas which are not 
heavily involved in thermodynamic process or are relatively remote, such as the 
crankcase walls are represented by fewer, larger elements. The element positions 
and their numbering are shown in Figures 3.1 to 3.3. Scaling factors are included 
which can be used to improve the accuracy of predicted element and fluid 
volumes and masses. They allow adjustment of PROGEN predictions of 
characteristics such as wall thicknesses in the coolant jacket, cylinders and 
crankcase, coolant volume in the head, block and auxiliaries and thickness of the 
piston ring pack. There are 10 scaling factors used in the current version of 
PROGEN. The scaling factors are not required to be altered before PROGEN 
runs, and are instead used to refine the results of the lumped capacity generator.  
The variables listed in Tables 3.1 and 3.2 are the dimensions and options that need 
to be specified in order for PROGEN to generate the lumped capacity engine 
representation. These variables have been physically measured during a tear down 
of the VIPER engine. In addition to the physical characteristics of the engine, the 
model must also be supplied with details of the desired operating conditions of the 
test that is to be simulated. Inputs that are required by the model are engine speed 
and load. Other conditions such as the fuel flow rate, heater matrix flow rate, 
AFR, or exhaust temperature can either be predicted within the model, or dictated 
to the model if specific metrics for these values are required. The workflow for 
running a simulation is as follows. PROGEN must first be run; this populates a 
MATLAB workspace with the dimensions and properties of the elements which 
make up the engine representation. Next, a set of operating conditions must be 
input to the model to define the desired test. Once this information is received, the 
PROMETS model can be run.  
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Figure 3.1 PROMETS block element positions  
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Figure 3.2 PROMETS cylinder head element positions  
Figure 3.3 PROMETS valve element positions  
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Table 3.2. Head Variables for PROGEN 
PROMETS name Description Notes 
A2IN Intake port vertical dimension  
B2IN Intake port horizontal dimension  
FIN Distance between head gasket and intake port 
bottom 
 
IN_VALVE_DIA Intake valve diameter -1=unknown 
   
EX_PORT_LENGTH Exhaust port length  
A2EX Exhaust port vertical dimension  
B2EX Exhaust port horizontal dimension  
FEX Distance between head gasket and exhaust port exit 
bottom 
 
EX_VALVE_DIA Exhaust valve diameter -1=unknown 
VALVE_ANGLE Valve included angle  
MAX_VALVE_LIFT Maximum valve lift  
   
NUM_IN_VALVE Number of intake valves per cylinder  
NUM_EX_VALVE Number of exhaust valves per cylinder  
   
VT_CONFIG Valve train configuration 1= Single Overhead Cam 
with Finger Follower 
2= Single Overhead Cam 
with Rocker Arm 
3= Direct Acting Single 
Overhead Cam 
4= Direct Acting Double 
Overhead Cam 
5= Overhead Valve 
FOLLOWER_TYPE Follower type 1= Flat Follower 
2= Roller Follower 
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Table 3.1. Block Variables for PROGEN 
PROMETS name Description Notes 
BORE Cylinder bore  
STROKE Engine stroke  
NUM_CYL Number of cylinders  
WALL_TH1 Total wall thickness surrounding cylinder  
COOL_LEN Mean Coolant passage height Of the coolant jacket 
surrounding the cylinders 
COOL_TH Mean Coolant passage width See above 
BORE_SPACE Distance between Bore centres  
LINER_TH Liner thickness -1 for no liner 
HEAD_WIDTH Head width 
-1 for unknown. Mean distance 
between intake and exhaust 
manifold decks. 
LINER_MAT Liner material 1=Aluminium alloy, 2= Cast iron 
HEAD_MAT Head material 1=Aluminium alloy, 2= Cast iron 
BLK_MAT Block material 1=Aluminium alloy, 2= Cast iron 
PTN_MAT Piston material 1=Aluminium alloy, 2= Cast iron 
  
 
PISTON_DEPTH Piston depth  
CON_ROD Connecting rod length Distance between the bearings 
RING1TOP Distance from piston crown to top of 1st ring  
PACK_HGT Ring Pack height  
DELTAC Distance between inside and outside edge of ring Mean of the 3 rings 
RING_THK Piston ring thickness Mean of the 3 rings 
RINGS_K Piston ring thermal conductivity  
NUM_BEARINGS Number of bearings  
 
 
 
41 
 
3.3 The single cylinder model 
To improve model running times and load times, a single cylinder representation 
of the engine can be used. Here, the cylinders are taken to have identical boundary 
conditions, and no differentiation is made between the inboard and outboard 
cylinders, or heat shared between cylinders. This approach is suitable when no 
detailed information about the thermal interactions between the cylinders is 
required. This approach also assumes the coolant volume to be a single mass with 
no variation in coolant temperature around the circuit. For the purposes of the 
VIPER project and the examination of the friction and oil sub models, the single 
cylinder version of the model has been selected as detailed examination of the 
coolant system is not part of the scope of the work. Future work on modelling 
engines that utilise techniques such as stalled coolant flow, or cylinder 
deactivation however, would require the use of the multi-cylinder model.  
 
3.4 Structure heat transfer 
The representation of the engine structure in PROMETS describes the metal that 
makes up the engine block, cylinder head, piston, valvetrain, crankshaft, 
camshafts and ancillary components in direct contact with fluids such as the 
coolant and oil pumps. The boundary of the model does not extend to either the 
intake or exhaust manifold. Other peripherals such as the alternator or fly wheel 
are considered to be sufficiently thermally detached to be of little thermal 
consequence to the engine and are not included in the lumped capacity 
representation. Each of the model elements is coupled to a number of adjacent 
elements and in some cases fluids. The coupling with fluids constitutes a 
boundary condition of the lumped capacity model, and is calculated in dedicated 
sub-models described later. These are the heat transferred from the in-cylinder 
gases, the oil circuit and the coolant circuit. Additionally, heat input to the 
structure from friction between moving surfaces has its own sub model. The final 
boundary condition of the model is formed by the heat transfer to ambient.  
Each of the elements is considered to be isothermal due to the high thermal 
conductivity of the materials that form the engine structure. The temperature 
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change in elements is evaluated by calculating the net energy transfer to the 
element from all adjacent sources or sinks. This can be said to be equal to the total 
change in the internal energy of the element, and gives rise to the following 
energy balance: 
 
Where ሶܳ ௜ is the internal heat generated in the element, ሶܳ௘ is the net energy 
transferred to the element from any combination of other structural elements, 
fluids, or friction, ߩ is the element density, ܿ is the specific heat capacity, ܸ is 
element volume, ܶ௣ is the element temperature at the given time step, ܶ௣ାଵ is the 
temperature at the next time step and   ?ݐ is the length of the time step.  
In order to calculate the temperature at the next time step, this balance is simply 
rearranged for ܶ௣ାଵ to give: 
 
In the case of element to element heat transfer, the energy transferred is calculated 
as follows: 
Here, ܣ is the area of heat transfer between the two elements,  ?  ܺis the length of 
the conduction path which is taken as the distance between the centres of the 
elements, and ݇ଵ and ݇ଶ represent the thermal conductivity of the elements. 
 
  
ሶܳ ௜ ൅ ሶܳ௘ ൌ ߩܸܿ ቆܶ௣ାଵ െ ܶ௣ ?ݐ ቇ  (3.1) 
ܶ௣ାଵ ൌ  ?ݐߩܸܿ ൫ ሶܳ ௜ ൅ ሶܳ௘൯ ൅ ܶ௣  (3.2) 
ሶܳ ൌ ܣ ൮  ?ܶ ?ܺ݇ଵ ൅  ?ܺ݇ଶ ൲ 
 
 (3.3) 
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3.5 Cylinder and port heat flux 
Heat transferred from the in-cylinder gases to the engine structure is one of the 
major sources of heat in the engine, and accurate modelling of this is important 
when considering engine thermal behaviour. The correlation used to represent gas 
side heat transfer to both the cylinder and to the structure surrounding the exhaust 
ports is called the QC1C2 correlation and was developed by Shayler et al. [65] as a 
modification to the existing Taylor and Toong equation from [67]. The earlier 
solution did not differentiate between the two sources. The total rate of gas side 
heat transfer is given as: 
 
This can be rearranged to give expressions for in-cylinder and port heat transfer: 
In these equations, the effective cylinder area ܣ௖௬௟ǡ௘௙௙ is the weighted area, once 
the total exposure time of each part of the cylinder throughout a cycle is 
accounted for. ݇௚ is the value for the thermal conductivity of the gases in the 
combustion chamber, ௚ܶǡ௔ is the average temperature of the gas  and ௖ܶ is the 
coolant temperature which is the final destination of the rejected heat. The gas 
temperature is defined using a cubic equation based on the equivalence ratio of the 
engine. 
 
ሶܳ௖ଵ௖ଶ ൌ ܥଵ൫ܣ௖௬௟ǡ௘௙௙ ൅ ܥଶܣ௣௧൯ ݇௚ܤ ൫ ௚ܶǡ௔ െ ௖ܶ൯ܴ݁௚଴Ǥ଻  (3.4) 
ሶܳ௖௬௟ ൌ ܥଵܣ௖௬௟ǡ௘௙௙ ݇௚ܤ ൫ ௚ܶǡ௔ െ ௖ܶ௢௢௟൯ܴ ௚݁଴Ǥ଻ 
 
 (3.5) 
 
ሶܳ௣௧ ൌ ܥଵܥଶܣ௣௧ ݇௚ܤ ሺെ ௖ܶ௢௢௟ሻܴ ௚݁଴Ǥ଻ 
 
 (3.6) 
௚ܶǡ௔ ൌ  ?ܽ െ ܾ߶ ൅ ܿ߶ଶ െ ݀߶ଷ ൅  ?Ǥ ? ?ሺ ௔ܶ௠௕ െ  ? ? ?ሻ  (3.7) 
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Equation 3.7 is based on a correlation in [68] that corrects the effective gas 
temperature from a measured value at ambient inlet temperatures. The cubic term 
in Equation 3.7 predicts the effective gas temperature when the intake 
tempereature is 300°K. The data to which these constants are fitted to can be 
found in [68].  The point at which this correlation was implemented into the 
PROMETS model is unknown, but comparison with other equations used to 
predict effective gas temperature in [69] and [70] show predictions that are within 
25° of each other. Predictions from Equation 3.7 lie between those from the other 
correlations which allows for a degree of confidence in the results. 
The equations described above are true for gas-side heat transfer when the spark 
timing is set to allow the generation of the greatest torque. When spark timing is 
retarded, be it to improve the speed of catalyst light off, or to reduce hydrocarbon 
emissions, the gas-side heat transfer will be increased [68]. This was tested in 
experimentally by Chick [64] by gradually retarding the spark from the angle of 
Minimum advance for Best Torque (MBT- ߠ) during steady state running and 
measuring the increase in heat rejection to the coolant. A square dependence on 
the retardation of the spark relative to MBT was applied to account for this. 
 
3.6 Coolant heat transfer 
Coolant used to regulate engine temperature is described as a single sink in the 
PROMETS model, with two additive mechanisms by which heat is transferred 
from the structure: forced convection, and nucleate boiling. Chen [69] describes 
the development of heat transfer coefficients for both mechanisms and his 
relationships are used in the model. Heat transfer in areas of nucleate boiling is 
significantly higher than in areas where convective heat transfer dominates, as the 
boundary layer at the heat transfer surface is disrupted. However, beyond certain 
temperature deltas, a vapour film can begin to form on the surface, which 
ሶܳ஼ଵ஼ଶ ൌ ܨ௦௣௔௥௞ ሶܳ஼ଵ஼ଶ 
 
 (3.9) 
ܨ௦௣௔௥௞ ൌ  ? ൅  ?Ǥ ? ? ? ?ߠଶ  (3.10) 
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drastically reduces heat transfer and can lead to engine damage from overheating. 
The heat transfer coefficient for forced convection is given as: 
݇ is the thermal conductivity of the coolant, ܴ݁ is the Reynolds number ܲݎ is the 
Prandtl number and D is the diameter of the coolant passage under consideration. 
The term for nucleate boiling is more complex, and is given by Chen [69] as: 
 
Here, the subscript c denotes a value for the coolant, v a value for the vapour and 
e an effective value. ݃ is the gravitational constant, ߣ is the latent heat of 
vaporisation and ߪ is the vapour-liquid surface tension. S is a suppression factor 
that tends to unity at zero flow conditions, and zero at infinite flow. With the two 
component heat transfer coefficients found, the total heat transfer coefficient can 
be found as: 
 
Here, ௦ܶ is the surface temperature of the element with respect to which the heat 
transfer is being considered, ௖ܶ௢௢௟ is the coolant temperature and ௦ܶ௔௧ is the 
saturation temperature of the coolant. 
To allow for the difference in structure and coolant temperature around the 
engine, the heat transfer coefficient is corrected using the ratio between local and 
average temperature differences as follows: 
݄௖௢௡௩ ൌ  ?Ǥ ? ? ?ܴ݁଴Ǥ଼ܲݎ଴Ǥସ ݇ܦ 
 
 (3.11) 
݄௡௕ ൌ  ?Ǥ ? ? ? ?ቆ ݇௖଴Ǥ଻ଽܥ௣௖଴Ǥସହߩ௖଴Ǥସଽߪ଴Ǥହߤ௖଴Ǥଶଽߣ଴Ǥହߩ௩଴Ǥଶସቇ ሺ ? ௘ܶ଴Ǥଶସሻሺ ? ௘ܲ଴Ǥ଻ହሻܵ  (3.12) 
݄ ൌ ݄௖௢௡௩ ൅ ݄௡௕ ௦ܶ െ ௦ܶ௔௧௦ܶെ ௖ܶ௢௢௟   (3.13) 
ത݄ ൌ  ?ܣ න ݄ܨ݀ܣ஺଴   (3.14) 
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where 
 
The final heat transfer to the coolant is then: 
 
3.7 Oil heat transfer 
The oil circuit in PROMETS is representative of the Ford CVH engine which 
IHDWXUHGLQPDQ\)RUGSURGXFWLRQYHKLFOHVLQWKH¶V$VXPPDU\GLDJUDPRI
the oil circuit is shown in Figure 5.1. Oil temperatures around the circuit are 
calculated by evaluating the energy flows at key locations using several different 
models.  
Pressurised oil flows through galleries are described using the following 
correlation [61] where T1 is the temperature at the desired location, and To is the 
temperature at the previous node: 
ଵܶ ൌ ௠ܶ ൅ ௢ܶ ൬ ሶ݉ ܥ௣ߨ݄ܦܮ൰ െ  ?Ǥ ?൬ ሶ݉ ܥ௣ߨ݄ܦܮ൰ ൅  ?Ǥ ?  
(3.17) 
  
It is assumed in [61] that the metal surrounding the gallery is isothermal along its 
length, and that the heat transfer to the oil is equal to the rise in enthalpy, as 
shown in Equation 3.18.  
݄ߨܦܮ ൬ ௠ܶ െ ௢ܶ ൅ ଵܶ ? ൰ ൌ ሶ݉ ܥ௣ሺ ଵܶ െ ௢ܶሻ (3.18) 
Additionally, an assumption that the oil flows through the galleries have low 
Reynolds numbers has been made [14]. The representative length L is based upon 
ܨ ൌ ሺ ௦ܶ െ ௖ܶ௢௢௟ሻሺ ௦ܶെ ௖ܶ௢௢௟ሻ௔௩௘  (3.15) 
ሶܳ ൌ ത݄ܣሺ ௦ܶ െ ௖ܶ௢௢௟ሻ  (3.16) 
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head or block dimensions, depending upon where the gallery is located and its 
destination.  
This correlation is used for the locations TC1, TC2, TU1 and TU4; See Figure 5.2 
for location labels. 
At locations where oil is used to lubricate moving surfaces, the frictional 
dissipation is calculated as a function of the friction power of the assembly, 
predicted using the PNH model. The thermal/friction interaction is solved by 
having fixed proportion of friction work driven to the oil; this is currently 
assumed to be 20% of the friction power.  
The oil temperature at the valvetrain and bearings is described as: 
ଵܶ ൌ ଴ܶ ൅ ௉೑௠ሶ ஼೛  (3.19) 
Here, To is the temperature of the oil entering the valvetrain or bearings, and T1 is 
the temperature of the oil leaving these locations. 
At the piston, an additional term to account for heat transfer from the underside of 
the piston is used, assuming a heat transfer coefficient of 50W/m2K [61]. 
As the oil leaves the bearings an oil mist is formed in the crankcase. The nature 
and behaviour of this mist is poorly understood. A heat transfer coefficient of 
50W/m2K is used to connect the elements in the liner and the crankcase wall to 
the oil, and the temperature is updated as: 
ெܶଵ ൌ ்ܶ஻ଵ ൅ ሶܳ௠௜௦௧ሶ݉ ܥ௣  (3.20) 
  
The oil is directly thermally coupled to the coolant with a model describing an 
engine oil cooler. The temperature of the oil leaving the oil cooler is evaluated as 
the last node in the oil circuit. A fixed effectiveness value ±0.4, is used to control 
the amount of heat transfer in the oil cooler. In the equation below, ߝ is the 
effectiveness of the oil cooler and Cmin is the minimum heat capacity rate. 
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௢ܶ௨௧ ൌ ௜ܶ௡ ൅ ߝܥ௠௜௡ሺ ௖ܶ െ ௜ܶ௡ሻሶ݉ ܥ௣  (3.21) 
 
3.8 Exhaust gas temperature 
Exhaust gas temperature prediction is based on a full engine energy balance to 
determine the amount of energy that is wasted in the exhaust flow. The inputs to 
the engine system are the air and fuel enthalpies at the engine inlet, and the heat 
released from the fuel through combustion. The energy is utilized or dissipated as 
brake power, friction power, heating of the cylinder and exhaust ports or is lost to 
ambient. The rearranged balance for exhaust enthalpy is therefore: 
 ܪሶ௘௫ ൌ ൫ܪሶ௔௜௥ ൅ ܪሶ௙௨௘௟ ൅ ܪሶ௥൯ െ ൫ ሶܲ௕ ൅ ሶܲ௙ ൅ ሶܳ௖௬௟ ൅ ሶܳ௣௧൅ ሶܳ௔௠௕൯ (3.22) 
Brake power is calculated as a function of the speed and load profiles specified in 
the initialization of the PROMETS model: ܲ ൌ  ?ߨܰ  ܶ (3.23) 
Friction power is calculated using the equations described in the next section, and 
in-cylinder heat transfer was covered in the previous section. Heat transfer to 
ambient is handled using a heat transfer coefficient of 10W/m2K from the 
elements that make up the exterior of the engine. This was shown to be suitable 
for comparison to engines installed on test beds with no blowers to increase the air 
flow over the engine [70]. Fuel and air enthalpies are both calculated using the 
following equation with the appropriate values for each fluid: ܪሶ ൌ ሶ݉ ܿ௣ሺܶ െ ௔ܶ௠௕ሻ (3.24) 
The heat released from the combustion of fuel is a product of the fuel flow rate, 
the lower heating value of the fuel, and the combustion efficiency of the engine. 
Combustion efficiency and fuel flow rate are calculated as described in a Section 
3.10. ܪሶ௥ ൌ ሶ݉ ௙ܳ௅ு௏ߟ௖ (3.25) 
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After resolving the energy balance, the exhaust enthalpy is used to calculate 
temperature: 
௘ܶ௫ ൌ ܪሶ௘௫ሶ݉ ௘௫ܿ௣௘௫ ൅ ௔ܶ௠௕ (3.26) 
 
3.9 Frictional losses 
The friction model present in PROMETS is an adaptation of the work done by 
Patton et al. in [25]. The Patton model is not capable of predicting friction levels 
from a cold start, and can only be used for values when the oil has reached its 
normal operating temperature. To overcome this, the model was scaled by a ratio 
of oil viscosity over the oil viscosity at 90°C. Due to divergence of work and 
focus between versions of the PROMETS model, this is not the most recent 
version of the friction model considered within the Engines Research Group and 
although it still produces adequate results, it lacks the ability to examine 
individual component¶s sensitivity to changes in oil temperature. 
The equations given in [25], and used to calculate engine friction in PROMETS 
are listed below. 
 
The three terms in Equation 3.27 describe the friction contribution from the 
crankshaft, specifically from the crankshaft oil seals (ܥ௖௦ሻ, the shearing of the oil 
film within the bearingሺܥ௖௕), and the turbulent dissipation arising as the oil is 
pumped through the bearing ሺܥ௧ௗሻrespectively.  
ܨܯܧ ௖ܲ௥௔௡௞௦௛௔௙௧ ൌ ܥ௖௦ ൬ ܦ௕ܤଶܵ݊௖൰ ൅ ܥ௖௕ ቆܰܦ௕ଷܮ௕݊௕ܤଶܵ݊௖ ቇ ൅ ܥ௧ௗ ቆܦ௕ଶܰଶ݊௕݊௖ ቇ  (3.27) 
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The reciprocating friction equation shown in Equation 3.28 represents the piston 
assembly and big end bearings. The first term describes the friction of the piston 
skirt, the second the piston rings, the third the increase in piston ring friction due 
to gas pressure loading, and the fourth the contribution from the big end bearings. ܨܯܧ ௩ܲ௔௟௩௘௧௥௔௜௡ ൌ ܥ௩௦ ൅ ܥ௩௕ ቀ ே௡್஻మௌ௡೎ቁ ൅ ܥ௥௙ ቀே௡ೡௌ௡೎ ቁ ൅ ܥ௙௙ ቀ ? ൅ଵ଴଴଴ே ቁ ௡ೡௌ௡೎ ൅ܥ௢௛ ቀ௅ೡభǤఱேబǤఱ௡ೡ஻ௌ௡೎ ቁ ൅ ܥ௢௠ ቀ ? ൅ଵ଴଴଴ே ቁ ௅ೡ௡ೡௌ௡೎     
 
(3.29) 
Equation 3.29 shows the friction generated in the valvetrain. The first term 
represents the contribution from the camshaft bearing seals. The second term 
represents the camshaft bearings. The third and fourth terms represent roller 
followers and flat followers respectively. Only one of these is used in the final 
equation depending on the engine configuration. The fifth term represents friction 
from valvetrain components lubricated in the hydrodynamic regime, and the sixth 
term represents those components lubricated in the mixed regime.  
Finally, the auxiliary friction is calculated as a function of engine speed. The 
auxiliary FMEP gives a predicted value for the parasitic losses imposed on the 
crankshaft as a result of turning the fuel, coolant and oil pumps. ܨܯܧ ௔ܲ௨௫௜௟௜௔௥௬ ൌ  ?Ǥ ? ?൅  ?Ǥ ? ?ൈ  ? ?ିହܰ െ  ?Ǥ ? ?ൈ  ? ?ି଻ܰଶ     
 
(3.30) 
 
 
ܨܯܧ ௥ܲ௘௖௜௣௥௢௖௔௧௜௡௚ൌ ܥ௣௦ ൬ܵ௣ܤ ൰ ൅ ܥ௣௥ ൬ ? ൅  ? ? ? ?ܰ ൰  ?ܤଶ൅ ܥ௚௟ ൬݌௜݌௔൰ ሺ ?Ǥ ? ? ?ݎ௖ ൅  ?Ǥ ? ? ?ݎ௖ଵǤଷଷି଴Ǥ଴ଶ଼ଷௌ೛ሻ൅ ܥ௕௘ ቆܰܦ௕ଷܮ௕݊௕ܤଶܵ݊௖ ቇ 
 (3.28) 
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Overall engine friction is therefore: ܨܯܧܲ ൌ ܨܯܧ ௖ܲ௥௔௡௞௦௛௔௙௧ ൅ ܨܯܧ ௥ܲ௘௖௜௣௥௢௖௔௧௜௡௚ ൅ ܨܯܧ ௩ܲ௔௟௩௘௧௥௔௜௡൅ ܨܯܧ ௔ܲ௨௫௜௟௜௔௥௬ 
 
(3.31) 
As the engine, and therefore the lubricating oil warms, its viscosity will fall. The 
reduction in friction due to this fall in viscosity is described in equation (3.32). 
Total engine friction is scaled by a ratio of oil viscosity to fully warm oil 
YLVFRVLW\$W ORZWHPSHUDWXUHV WKLV UDWLRZLOOEHޓ UHVXOWLQJ LQKigher levels of 
friction. As the oil temperature increases towards its fully warm value, usually set 
at 90°C, the friction will fall. 
ܨܯܧ ௪ܲ௨ ൌ ܨܯܧ ௙ܲ௪ ൬ ߤߤ௢൰଴Ǥଶସ 
 
(3.32) 
The friction index is lower than the value of 0.5 used in the improved PNH model 
[27]. This is due to the fact that the correction is applied to the entire term in this 
case, whereas the PNH model used a correction only to terms assumed to be 
operating in hydrodynamic lubrication regimes. 
The friction work is dissipated to either the oil or to the engine structure. This is 
currently achieved by assuming that 20% of the friction power will be dissipated 
into the oil, and the remaining 80% will heat the engine structure. Oil viscosity is 
calculated using the Walther equations (see Equation 4.11, Section 4.9), which 
outputs values for kinematic viscosity.  
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3.10 Fuel flow rate 
The predictions of fuel flow rate are iteratively calculated to satisfy the gross 
indicated power requirements of the engine model. Fuel flow rate can be 
expressed as a product of the indicated gross specific fuel consumption and the 
gross indicated power. 
 
The gross indicated power is a function of gross indicated mean effective 
pressure, which is itself a sum of the brake, friction, auxiliary and pumping mean 
effective pressures. 
 
FMEP and AMEP are calculated as described later in this chapter. The BMEP is 
defined by the operating speed and load profile of the engines running conditions. 
The PMEP is taken as the difference between the pressures in the intake and 
exhaust manifolds. The gross indicated specific fuel consumption can be found 
using an expression including the lower heating value of the fuel, the combustion 
efficiency and the gross indicated thermal efficiency. 
Combining Equations 3.34 and 3.36 gives Equation 3.37, a relationship for the 
fuel flow rate demand of the engine. 
݉௙ሶ ൌ ܫܵܨܥ௚௥ ሶܹ ௚ǡ௜௡ௗ  (3.33) 
ሶܹ ௚ǡ௜௡ௗ ൌ ܫܯܧ ௚ܲ ௦ܸܰ ? ? ?  
 
 (3.34) 
ܫܯܧ ௚ܲ ൌ ܤܯܧܲ ൅ ܨܯܧܲ ൅ ܣܯܧܲ ൅ ܲܯܧܲ  (3.35) 
ܫܵܨܥ௚ ൌ  ?ܳ௅ு௏ߟ௖ߟ௚ǡ௜௡ௗ 
 
 (3.36) 
ሶ݉ ௙ ൌ ܫܯܧ ௚ܲ ௦ܸܰܳ௅ு௏ߟ௖ߟ௚ǡప௡ௗ ? ? ?ሶ   (3.37) 
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The lower heating value for gasoline is approximated as 44 MJ/kg. Combustion 
efficiency is taken to be 98% when the engine is running lean with high AFR. 
When the AFR is lower than the stoichiometric value of 14.7:1, a quadratic based 
on the equivalence ratio is used to calculate combustion efficiency. 
 
Where ࢥ is the fuel-air equivalence ratio. 
 
 
  
ߟ௖ ൌ  ?Ǥ ? ? ?െ  ?Ǥ ? ?߶൅ ?Ǥ ? ? ?߶ଶ  (3.38) 
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3.11 Discussion 
PROMETS is a collection of models and sub-models that has been under 
GHYHORSPHQW ZLWKLQ WKH (QJLQHV 5HVHDUFK JURXS VLQFH WKH ¶V DQG KDV
diverged into several versions representing different engine types. Functionality 
has been added and removed from these versions to varying degrees, and this 
chapter has summarised this development, as well as given an overview of the 
current state of the 4 cylinder spark ignition version of PROMETS. The main 
equations used in each of the major sub-models have been given and the reader is 
directed to the references given for a fuller description of these by their authors. 
The PROMETS model is strong in its generic representation of engines and the 
thermal interactions that take place during running. The model has been well 
correlated with experimental data over the course of several projects, and on the 
whole, makes accurate predictions of engine performance. This ability is 
maintained in the model whilst remaining computationally efficient.  
The main weakness of the model from a thermal perspective is the lack of 
sensitivity to temperature differences around the engine. The current friction 
model uses the bulk oil temperature to correct for viscosity, and this is adequate 
for describing the way in which friction decreases as the engine warms under 
standard conditions. However, a bulk oil formulation will not capture the effects 
of changes that might be made to the thermal gradients around the engine, which 
are a focus of this project. The friction model will therefore be changed to 
evaluate the viscosity of the oil separately for each rubbing surface. 
To synergise with the improved friction model, the oil circuit will be updated and 
additional functionality will be included in the form of piston cooling jet, and 
main bearing energy flow models. The sequence in which the oil circuit 
temperature are calculated will also be changed to reflect the oil flow paths in the 
VIPER engine. This will make the PROMETS oil circuit more representative of 
the VIPER engine, as well as increasing the robustness of predictions on the 
effects of changes to the thermal balance of the engine.  
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Chapter 4. Advancing the PROMETS friction 
model to account for local thermal conditions 
 
4.1 Introduction 
The formulation of the friction model used in PROMETS has been revised in the 
FXUUHQW VWXGLHV WR DGGUHVV WKH OLPLWDWLRQV RI XVLQJ ³EXON´ RLO WHPSHUDWXUH DQG
viscosity to characterise changes in friction during engine warm up. Although 
computationally efficient, and generally accurate when used to predict changes to 
total engine friction, this approach does not allow for differing effects on local 
conditions at rubbing surfaces. Additionally, results of design changes were 
unable to be properly explored. The aim here has been to revise the treatment of 
IULFWLRQSUHGLFWLRQVLQWKHPRGHOWRDOORZIRUWKHHIIHFWVRI³ORFDO´RLOVWDWHVWREH
captured. The underlying physics-based formulation laid out in [71] remains 
unchanged, but where viscosity affects a component¶s friction, the correction has 
been based on a particular temperature local to the rubbing surface. In this chapter 
the reasoning behind and the process of improving the current friction model are 
explained. 
The friction model in PROMETS draws on the formulation given in [25] which 
gives predictions for fully warm conditions and has no mechanisms of accounting 
for increased friction during the engine warm up; The friction equations in the 
original version of the model contained no dependence on oil temperature. This 
functionality was added in [27] and [26], using a bulk oil temperature correction. 
A version of the original formulation in [25] was modified for use in PROMETS 
by applying a bulk viscosity based correction to FMEP predictions to reflect the 
LQFUHDVH LQ IULFWLRQGXH WRKLJKRLO YLVFRVLW\GXULQJZDUPXS3HWURII¶V HTXDWLRQ
(Equation 4.6) shows a dependence of friction on viscosity. All friction 
contributions are scaled according to a ratio of bulk oil viscosity to the viscosity 
of oil at a fully warm reference temperature so that: 
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ܨܯܧ ௪ܲ௔௥௠௨௣ ൌ ܨܯܧܲ ቀ ఓఓ೚ቁ௡  (4.1) 
 
Based on comparisons with experimental results for engine friction changes 
during engine warm-up, the index n was set at 0.24. This caused total engine 
friction to decrease as the engine, and more importantly the oil, warms up. The 
index is low, as the original correction is applied to the entire friction prediction 
and not all components of engine friction depend on oil viscosity in the same way. 
Indeed, some elements which operate in the boundary or mixed lubrication 
regimes are almost totally independent of viscosity. The Stribeck curve in figure 
2.1 shows the relationship between the coefficient of friction, and a duty 
parameter which is a function of relative speed between rubbing surfaces, 
lubricant viscosity and load.  
It is important to note the difference between the friction calculation in the model, 
and the equations given in [27] and [26]. The first scales the friction for the 
complete engine by a viscosity ratio as shown in Equation 4.1, while the latter two 
scale selected friction contributions that are lubricated in the hydrodynamic 
regime as shown in Equation 4.2. 
ܨܯܧ ௪ܲ௔௥௠௨௣ ൌ ܨܯܧ ஻ܲǡெ ൅ ܨܯܧ ுܲ ൬ ߤߤ௢൰௡ 
 
(4.2) 
This dependence on bulk oil temperature did not fully describe observed initial 
friction, or the reduction in friction throughout the early stages of warm up. At 
engine start, engine friction is significantly higher than that predicted using a 
viscosity correction based on bulk oil temperature alone. The fast rate of friction 
reduction due to localised warming of oil at the rubbing surfaces was also not 
captured in equation 4.1. An additional correction was formulated by Burrows 
[72] to take into account increased friction at engine start-up and the first seconds 
of running during which the early temperature variations around the engine 
develop. This took the form: ܥ௙ ൌ ൫ܥ௙଴ െ  ?൯ ሺ݁ିଵȀఛሻ ൅  ?  (4.3) 
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Where 
 
The value for ߬ which defines the rate of decay of this effect was found to 
accurately model warm up friction when a value of 50 seconds is used. The factor ܥ௙ was then further applied to Equation (4.1) to give a final prediction of friction 
from engine start. This was an empirical approach that does not lend insight into 
the underlying friction behaviour during these initial seconds. 
 
  
ܥ௙଴ ൌ  ? ൅  ?Ǥ ? ?݁ ି்೚೔೗ ଷହൗ   (4.4) 
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[32] [Unpublished] 
Figure 4.1 Summary of changes made to the original friction 
model developed by Patton et al. [24] 
[24] 
[This work] 
59 
 
4.2 Friction correction based on local temperatures 
In previous sections, the way in which the prediction of engine friction has been 
treated in earlier versions of the PROMET model has been examined. The 
correction to friction contributions based on bulk oil temperature used in the 
previous versions of the friction model gives good predicted results for steady 
state running conditions. The success of this approach depends on the temperature 
variations throughout the engine relative to the bulk oil remaining stable during 
warm up and over the operating range of speeds and loads of interest. The 
weaknesses of this include not capturing the effects of the development of 
temperature variations during early seconds of engine running, and an 
insensitivity to design changes intended to promote or exploit novel engine 
features. By having a model sensitive to local changes in temperature due to 
transient conditions, more accurate friction and fuelling predictions of situations 
ZKHUHWKHHQJLQH¶VWKHUPDOGLVWULEXWLRQKDVEHHQDOWHUHGPD\EHPDGH7KLVLVRI
especial imSRUWDQFH LI IXWXUH ZRUN RQ GLVUXSWLRQ WR DQ HQJLQH¶V QDWXUDO
temperature distribution is required. In order to achieve this, the way in which the 
friction prediction in the PROMETS model has been examined and altered to give 
each component a discrete sensitivity to changes in oil temperature. Rubbing 
surface temperature should rise much more rapidly than the bulk oil temperature, 
and by using these to evaluate friction, the need for a cold start correction should 
be removed. The following sections will describe the work done by the author to 
implement a friction model that uses local temperature to evaluate oil viscosity in 
the calculation of component friction. 
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4.2.1 Crankshaft friction 
Crankshaft friction is a sum of the resistance to shear in the bearing oil film, the 
work required to pump the oil and the contributions from the front and rear oil 
seals. The main bearings operate mainly in the hydrodynamic regime, although it 
is stated in [23] that due to the sharp increase in torque after the piston reaches top 
dead centre, the bearing briefly moves into a mixed lubrication regime. For this 
application, it will be assumed that the bearing always operates hydrodynamically. 
As the rotating surfaces will almost always be separated by the oil film, it is the 
properties of the oil that will define the friction. The material properties, minus 
the thermal expansion coefficients, may be neglected. The bearing seals are said 
to operate with boundary lubrication exhibiting a reduction in friction with 
temperature that is reported by Leong [71] to be small enough to neglect, and is 
dependent on material as opposed to lubricant properties. By far the largest 
friction contributors of the three components are the main bearings. The factor 
which most influences the friction of the main bearings is the rotating contact 
surface area. Given that the length of a bearing is limited by the minimum length 
required to generate a load supporting film, reducing the diameter is the best 
candidate for reducing crankshaft friction through design changes [73]. Any 
reduction in bearing diameter however must be balanced against the 
accompanying loss in crankshaft stiffness caused by decreased overlap. Partial 
starvation of journal bearings is another approach to reducing crankshaft friction. 
This may be achieved by reducing the pressure of the oil supply. This leads to a 
reduction in the extent of the oil film in the bearing which reduced the losses due 
to film shearing. Parasitic losses from the oil pump are also reduced.   
The starting point for the crankshaft friction formulation was the bulk oil 
temperature corrected version of the model presented in [25]. Equation 4.5 gives 
the formulation for the local temperature correction. 
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Here, the term that describes the contribution from the shearing of the oil film 
within the main bearings, ܥ௖௕, has been scaled with the viscosity of oil in the main 
bearings over the viscosity of oil at its fully warm operating temperature. In the 
previous PROMETS version of the model, the bulk oil viscosity ratio was raised 
to the power of 0.24. In the local oil temperature model, each of the terms relating 
to hydrodynamic lubrication have been given a separate index to reflect the nature 
of the rubbing surface and their expected response to changes in operating 
temperature. Friction in the journal bearings in the valvetrain and crankshaft are 
assumed to follow 3HWURII¶V/DZ [74] which gives the coefficient of friction as: 
݂ ൌ  ?ߨߤܷܴܮܿ  
 
(4.6) 
As such, the index value for the crankshaft and valvetrain bearings has been set to 
1. As the main bearing term accounts for the bulk of the crankshaft friction 
contribution, this gives the equation a strong response to changes in viscosity and 
therefore temperature. The additional friction caused by the oil being below the 
normal operation temperature is illustrated in Figure 4.2. The friction penalty is 
around 20kPa at its highest, when the engine starts, and the oil is at is coldest.  
ܨܯܧ ௖ܲ௥௔௡௞௦௛௔௙௧ൌ ܥ௖௦ ൬ ܦ௕ܤଶܵ݊௖൰ ൅ ܥ௖௕ ቆܰܦ௕ଷܮ௕݊௕ܤଶܵ݊௖ ቇ ቆࣆ࢈ࣆ࢕ቇ ?൅ ܥ௧ௗ ቆܦ௕ଶܰଶ݊௕݊௖ ቇ 
 (4.5) 
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The temperature used to evaluate the oil viscosity for the crankshaft term is taken 
as Tb1 in PROMETS: the temperature of the main bearing film. This temperature 
prediction is described in the next chapter as an iterative process solving for heat 
transfer to the structure and heat retained in the oil film. This allows for an 
improved prediction of the final destinations of the heat released though frictional 
dissipation. The friction calculated in Equation 4.5 is used as an input to this 
process. The prior solution to the frictional dissipation problem in the PROMETS 
model was to assume that a fixed proportion of it will be rejected to the structure 
and the rest retained in the oil. 
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Figure 4.2 Crankshaft friction during the aNEDC. The blue line shows bearing 
friction if the engine oil were fully warm at the start of the test. 
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4.2.2 Reciprocating friction 
The reciprocating group describes the friction contributions from both the piston 
interfaces with the cylinder wall and the big end bearings. The full equation for 
the reciprocating group is given below. As proposed in [26], the contribution to 
piston friction from gas pressure has been removed from Equation 3.28. This term 
represents friction that was previously attributed to the increased tension of the 
piston rings due to gas pressure. In [26], Shayler and Leong explain that following 
examination of data from motored engines, the increase in friction could be 
accounted for by changes in the pumping work as opposed to the ring tension. ܨܯܧ ௥ܲ௘௖௜௣௥௢௖௔௧௜௡௚ൌ ܥ௣௦ ൬ܵ௣ܤ ൰ ൬ߤ௥ߤ௢൰଴Ǥହ ൅ ܥ௣௥ ൬ ? ൅ ? ? ?ܰ ൰  ?ܤଶ ൬ߤ௥ߤ௢൰଴Ǥହ൅ ܥ௕௘ ቆܰܦ௕ଷܮ௕݊௕ܤଶܵ݊௖ ቇ ൬ߤ௖ߤ௢൰ 
 
(4.7) 
These make up the most significant source of frictional losses throughout the 
operating range of engine speeds and oil temperatures [75].  
Literature is divided as to the relative importance of the contributions of the piston 
rings and the piston skirt. A combination of predicted and measured results in [76] 
and [77] suggest that the rings are the significant contributor to piston friction, 
whereas investigation of the effects of piston skirt and ring friction on engine 
efficiency in [78] suggest the opposite. The model on which this work is based on 
falls into the former camp.  
The rings are estimated to contribute around 70% of the piston assembly friction 
[79], and so are of significant interest. The piston ring pack comprises of three 
metal rings that serve to seal the combustion chamber from the crankcase whilst 
allowing the piston to travel up and down the cylinder. The uppermost two rings 
DUHNQRZQDV WKH FRPSUHVVLRQ ULQJV7KH WRS ULQJ¶VPDLQ IXQFWLRQ LV WR SUHYHQW
gases from the combustion chamber from entering the crankcase past the piston, 
and will therefore be subject to the highest pressures and temperatures of the 
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rings. The second compression ring is required to prevent upward migration of oil 
into the combustion chamber as well as providing a gas seal. The final and 
lowermost ring is called the oil control ring, which can also feature a spring to 
improve contact with the cylinder and is used to  scrape oil back down to the 
crankcase after it has been used to lubricate and cool the piston [16]. Results from 
[80] showed that the largest contributor to the piston ring pack friction was the oil 
control ring, followed by the first, and then the second compression rings. 
Viscosity scaling of the terms describing the piston rings and piston skirt has been 
added with the assumption that these behave as a thrust or slider bearing. The 
friction coefficient of these bearings is given in [81] and [82] as equation 4.8.  
݂ ൌ ඨ ߨܷܹȀܮ ԋ 
 
(4.8) 
Where ԋ is a non-dimensional number dependant on the pad inclination. The root 
dependence of the friction coefficient to viscosity in this equation led to the 
adoption of a value of 0.5 for n for both the piston rings (Cpr) and piston skirt 
(Cps). This is in line with modelling described in [18] [20] [23]. 
This assumption does not account for the changes in lubrication regime 
experienced by the piston ring pack at TDC and BDC. Bolander et al. [83] 
showed experimentally that as the piston decelerates as it approaches TDC and 
BDC the hydrodynamic action of the rings decreases until it is no longer sufficient 
to form a film that is thick enough to prevent asperity contact. This causes a move 
towards mixed and eventually boundary lubrication at these crank angles. In the 
context of PROMETS, which provides crank averaged predictions across the 
engine it has been assumed that the lubrication regime will be hydrodynamic as 
this accounts for the majority of the stroke. The big end bearings index is set at 1, 
in line with that used for the main bearings.  
The temperature of the cylinder liner was shown experimentally by Leong et al. 
[71] as being strongly linked to the friction behaviour of the piston group, with 
much weaker correlation being shown with top dead centre, bottom dead centre 
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and oil sump temperatures. The PROMETS element that corresponds to the mid 
stroke liner is element 3, and this has been used to evaluate the viscosity of oil at 
this location. Measurements of oil film thickness in [84] and [85] show oil film 
thickness ranging from 2 to 8.4 microns, which would imply a relatively small 
thermal capacity. Film temperature at the mid-stroke is therefore assumed to be 
controlled by the metal temperature at this location and this is used to evaluate the 
oil viscosity for the piston group. To describe the thermal-friction interaction 
between the piston rings, skirt and the liner the approach of Zoz [86] has been 
followed. It is stated here that the energy dissipated as friction is forced directly to 
the cylinder liner. Figure 4.3 gives the distribution of heat sources for the cylinder 
liner elements in PROMETS. The majority of the piston friction is assumed to be 
dissipated at the mid-stroke liner position. The oil in the big end bearings is 
assumed to be at the same temperature as that of the main bearings and so the 
temperature Tb1 is used. 
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4.2.3 Valvetrain 
The valvetrain prediction accounts for friction that arises from the camshaft 
bearings, the cam followers, and the valves themselves. The VIPER engine 
utilises double overhead camshafts with direct acting bucket followers. Valvetrain 
friction can vary significantly with configuration type, with the type of cam 
follower and valve lifter used being the largest source of variation. Because of the 
increased contact area between cam and tappet, bucket followers typically 
generate higher frictional forces than roller followers [87].  
It is well established that, in the valvetrain, boundary lubrication is the dominant 
regime [16]. Boundary friction occurs at low duty parameters on the Stribeck 
curve (Figure 2.1), where there is insufficient pressure in the oil film to allow the 
film to support the load being applied. From this it can be inferred that the oil film 
is particularly thin in this location, allowing for the film to regularly break down. 
The assumption therefore has been made that, as with the liner oil film, the 
surrounding metal temperature will dictate the film temperature at these locations. 
An average of the metal temperatures of the intake and exhaust sides of the 
cylinder head has therefore been used as the representative temperature for the 
valvetrain friction. 
Within the valvetrain prediction, viscosity scaling is applied to the terms for the 
camshaft bearings (Cvb), and for the oscillating hydrodynamic term (Coh), which 
describes the portion of the friction around the valves which are lubricated in the 
hydrodynamic regime. The constant 4.12 is used to represent the contribution 
from the camshaft seals. The follower friction (Cff) and the friction from the 
valves in the mixed regime (Com) receive no viscosity scaling. 
ܨܯܧ ௩ܲ௔௟௩௘௧௥௔௜௡ ൌ  ?Ǥ ? ?൅ ܥ௩௕ ൬ ܰ݊௕ܤଶܵ݊௖൰ ൬ߤ௩ߤ௢൰ ൅ ܥ௙௙ ൬ ? ൅ ? ? ?ܰ ൰ ݊௩ܵ݊௖൅ ܥ௢௛ ቆܮ௩ଵǤହܰ଴Ǥହ݊௩ܤܵ݊௖ ቇ ൬ߤ௩ߤ௢൰ ൅ ܥ௢௠ ൬ ? ൅ ? ? ?ܰ ൰ ܮ௩݊௩ܵ݊௖  
(4.9) 
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Other models, such as that by Rezeka and Henein [18] also use terms that describe 
the force of the valve springs and stiffness. These are not used in this model and 
are accounted for in the engine speed terms and the C constant. 
The friction thermal interaction in the valvetrain is poorly understood. In the 
absence of further knowledge of the way that the friction is dissipated into the oil 
in the valvetrain, the approach from previous versions of the PROMETS model 
has been retained. A fixed 20% of friction power is assumed to be dissipated in 
the oil throughout the warm-up. This assumption was based on bulk oil warm-up 
and friction data. Results were not highly sensitive to changes in this value, 
because heat transfer to the oil from the structure tends to dominate the thermal 
characteristics at this location. Predictions of heat transfer to the oil show that 3-4 
times more energy is input to the oil from the structure versus frictional 
dissipation when using this 20% assumption during an aNEDC simulation. While 
the camshafts could be assumed to operate in the same manner as the main 
bearings when considering frictional dissipation, their contribution to friction is 
sufficiently small as to not impact the confidence in simulated predictions for oil 
temperature.  
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4.2.4 Ancillaries 
The ancillary load on an engine will vary depending on the installation type. On 
the experimental rig, the VIPER engine is fitted with the fuel, oil and coolant 
pumps, whereas in a vehicle the front end ancillary drive would also include the 
alternator and air-conditioning pump. The model has been set up to mimic the 
engine as installed on the test bed. 
The form of the relationship from [26] has been retained to describe the friction of 
the ancillary pumps.  
This equation gives a prediction of the parasitic loss incurred on the crankshaft 
with driving each pump, as opposed to the friction within the pump. Work done 
experimentally on the VIPER engine to measure coolant pump power 
consumption demonstrated no significant reduction in the amount of power 
required to operate an externally driven coolant pump as the temperature of the oil 
or coolant increased. The term ሺߤ ߤ௢ ? ሻ௡ should therefore be removed from 
Equation 4.10 when calculating coolant pump FMEP. Coolant and oil pump 
coefficients have been altered from values in [26] to give better agreement with 
experimental data, and an updated list of coefficients is given in Table 4.1. The oil 
and fuel pump both use the bulk oil temperature for viscosity correction. Figure 
4.4 shows a comparison between the FMEP contributions from each pump. 
Figures 4.5-4.7 show experimental pump power derived from measured pump 
speed and torque for the coolant and oil pump as well as predicted values for fully 
warm and warm up conditions 
Table 4.1 Coefficient Values for Ancillary FMEP Calculation 
Pump Į ȕ Ȗ n 
Coolant Pump 1.3 0.003 7x10
-8
 
0 
Oil Pump 8 0.004 
-1x10
-6
 
0.6 
Fuel Pump 1.72 0.00069 1.2x10
-7
 
0.5 
ܨܯܧ ௔ܲ௨௫ ൌ ߙ ൅ ሺߚܰ ൅ ߛܰଶሻ ൬ ߤߤ௢൰௡ 
 
(4.10) 
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Figure 4.4 Ancillary pump FMEP contributions over the aNEDC. The Oil 
pump is the most significant source of ancillary friction 
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Figure 4.5 Predicted water pump power consumption with 
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Figure 4.7 Instantaneous measured and predicted oil pump power 
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4.5 Empirical C constants 
The empirical C constants in Equations 4.5, 4.7 and 4.9 are used in the model to 
account for factors not explicitly described in the model such as absolute oil 
viscosity, and to correct predicted friction results to obtained experimental results. 
When initially set up, the model agreed very well with fully warm friction data 
provided by Jaguar Land Rover (JLR). However friction data collected at the 
University of Nottingham using the same version of engine shows fully warm to 
be consistently around 30% lower than that measured on another example of the 
2.0 GTDI engine installed at JLR (see Figure 4.11). Additionally, while the total 
friction prediction matched well to JLR data, the limited amount of teardown data 
available suggested that valvetrain friction was over-predicted in relation to the 
other components.  
As the initial fully warm friction predictions correlated well to the data provided 
by JLR, the distribution of friction, by component, was scaled to match that seen 
in the teardown data at 2000 and 5000rpm. Total friction was then scaled to match 
results obtained at the University of Nottingham to obtain a final correction for 
each component. The required alterations are shown in Table 4.1 below:  
Table 4.1 Correction factors for experimental rigs at University of 
Nottingham and Jaguar Land Rover 
Coefficient Equation number Original Revised 
Cbs 4.5 0.110 0.156 
Ccb 4.5 0.273 0.388 
Ctd 4.5 0.000122 0.000172 
Cvb 4.9 1.025E-07 5.12E-08 
Cff 4.9 0.0559 0.0279 
Coh 4.9 0.210 0.105 
Com 4.9 4.49 2.25 
Cps 4.8 0.0406 0.0438 
Cpr 4.8 0.294 0.318 
Cbe 4.8 0.303 0.327 
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This approach is limited by the fact that friction teardown data must be used to 
empirically correlate the predicted friction. Additionally, only 2 speed points have 
been used to correlate the friction, both of which are relatively high compared to 
speeds experienced during the NEDC for the VIPER engine, which never reaches 
2000rpm through the cycle.  
Changing these correction factors will alter the relative importance of each 
component to total engine friction, but will not alter the friction characteristics in 
terms of response to oil viscosity. The values chosen for the scaling factors can 
have a very large effect on the interpretation of the model results. The values 
selected will be specific to the 2.0l GTDI engine under consideration. 
While the distributions are correct for fully warm engine operation, the differing 
responses of the components to oil temperature would require further work to 
verify. A more complete set of teardown data across a range of temperatures 
would allow for the friction response to changes in temperature to be modelled 
more accurately.  
Of all the friction contributors, the valvetrain required the largest modification 
from the original model predictions. The piston group required minimal scaling, 
and the crankshaft required almost none.  
The predicted distribution of friction by component, at fully warm temperature is 
shown in Figure 4.8. The comparable tear down data from JLR for the 2.0 GTDI 
are given in Figure 4.9. Only the ancillaries modelled in PROMETS, namely the 
oil, coolant and fuel pumps are included in the tear down data. After adjustment of 
the empirical constants, good agreement can be seen between the two cases. 
Figure 4.10 shows the changing importance of each component group with engine 
speed. The valvetrain makes up a large proportion of the friction at low engine 
speeds, due to the inverse dependence of the follower term on speed. This falls 
away as speed increases. The reciprocating group accounts for the largest 
proportion of engine friction throughout the range of engine speeds. 
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Figures 4.9 2000RPM Friction distribution from teardown data 
at fully warm temperatures 
Figures 4.8 2000RPM Friction distribution from PROMETS 
contributions at fully warm temperatures 
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Figures 4.10 Predicted friction contribution variation at fully 
warm temperature with engine speed 
0%
10%
20%
30%
40%
50%
60%
70%
80%
90%
100%
500 1500 2500 3500 4500 5500 6500
P
re
d
ic
te
d
 F
ri
ct
io
n
 C
o
n
tr
ib
u
ti
o
n
 (
%
) 
Engine Speed (RPM) 
Ancillary
Valvetrain
Piston and Big End
Crankshaft
75 
 
4.6 Validation of friction model 
4.6.1 Constant speed 
Comparisons between the predicted and measured total engine friction values 
were done at a range of constant speed conditions for both warm up and fully 
warm running. Figure 4.11 shows a sweep of fully warm friction. Good agreement 
is seen with data measured on the test bench at the University of Nottingham and 
some limited data from Ford test beds after the modification of the C constants 
discussed previously. Without the changes, agreement is better with the data 
shared from the consortium. The discrepancy between measured friction levels 
between the Nottingham, Ford and JLR could be a result of differences in 
measurement technique. Where the Nottingham data were collected from an 
engine test bed, with friction calculated as the difference between IMEP and 
BMEP, the JLR data is from a motored engine. While a motored engine can be 
brought up to temperature artificially, it is difficult to properly replicate the 
thermal gradients present in a fired engine; especially at the piston liner interface 
where the viscosity of the oil is higher than in a fired engine, and the clearances 
will be greater.  
Warm up tests also show good agreement. Figures 4.12-4.13 show constant speed 
warm ups against experimental data measured at speeds and loads consistent with 
NEDC conditions. The friction response to increasing temperature is good, with 
the correct gradient in friction reduction during early running.  
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experimental friction at 1800RPM 0Nm 
Figure 4.12 Friction warm up comparisons between predicted and 
experimental friction at 1500RPM 60Nm  
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4.6.2 Transient behaviour 
The transient behaviour of the model has also been compared to experimental 
results over the aNEDC and is shown in Figure 4.14. The large variations in the 
experimental friction measurements in this figure are due to the nature of friction 
measurements on the engine. Experimental friction is calculated using the 
indicator method. BMEP, measured from the dynamometer, is subtracted from net 
IMEP inferred from in cylinder pressure measurements. Both of these are large in 
relation to FMEP values meaning that friction data obtained in this manner will 
often be noisy. The operating conditions for the aNEDC are shown in Figure 4.15 
Figure 4.14. aNEDC comparison between predicted and experimental 
friction values 
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4.7 Predicted temperature responses 
The way in which each component group responds to increasing temperature is 
shown in Figure 4.16 and 4.17. Figure 4.16 shows a 2000RPM warm up test. The 
crankshaft group shows the largest relative change in friction as temperature 
increases with a six fold reduction in friction. The piston exhibits the next greatest 
relative change, although in absolute terms, the reduction seen here is larger than 
in the crankshaft. Valvetrain friction is largely insensitive to temperature after a 
small reduction from cold that is attributed to the bearings in the camshafts. One 
of the benefits of the local model can be seen in the amount of time it takes for 
component friction to reach their fully warm states. The friction in the 
reciprocating group falls relatively quickly due to the fast rise in temperature 
experienced in the liner, whereas in the bearings, where the large metal mass in 
the crankcase holds oil temperatures down, the rate of friction reduction is much 
slower. These results are replicated in Figure 4.17 which shows results from an 
aNEDC test.  
These results show that the greatest gains to be made are in the reciprocating 
group. Raising the temperature of the mid-stroke liner region would be more 
beneficial than raising the temperature of the oil feed to the bearings, despite the 
stronger friction dependence on temperature in the bearing friction formulation. 
Results from a simulation of this are shown in Figure 4.18, in which either the 
bearing feed flow, or mid stroke liner temperature was raised by 10°C over the 
value recorded during normal running. Raising the mid-stroke liner temperature 
would only be possible if the coolant was warmed significantly given the strong 
thermal coupling between the cylinder liner and the coolant. Efforts to improve 
valvetrain friction from a thermal standpoint would not yield good results; friction 
here would be more effectively reduced through the use of an alternative 
valvetrain configuration such as roller followers.  
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Figure 4.16 Friction components temperature response a warmup at 2000RPM 
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  Figure 4.18 Predicted reductions in friction given a 10 degree rise in 
operating temperature 
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4.8 Coolant temperature plunge test 
Tests involving the rapid drop in coolant temperature were carried out on the 
VIPER engine in order to test the assumption that the friction of the piston is 
dictated by the mid-stroke liner temperature, and therefore heavily influenced by 
the coolant temperature. The experiment was conducted by introducing cold water 
to the engine once it had reached fully warm conditions. This plunged the 
temperature of coolant in the engine by 60°C. Experimental values for the bulk 
coolant temperature were used to fix the response of the coolant in the model, and 
the changes in engine friction and oil temperature predictions were examined. 
Figure 4.19 shows the experimental and predicted oil temperature and friction 
responses to the reduction in coolant temperature. Oil and friction responses are 
both reasonably accurately predicted. The important observation here is the rate of 
response of both the experimental and prediction values. The friction responds 
almost immediately to the change in coolant temperature experimentally showing 
a strong link between the two. When liner temperature is used to dictate the 
viscosity of the oil in the model, this quick response time is captured in the model, 
however when the bulk oil temperature model was used, this response was 
delayed and of a smaller magnitude. The predicted change in contributions from 
the rubbing components are given in Figure 4.20, which shows that the majority 
of the friction increase comes from the piston group. Also shown in Figure 4.20 is 
the response of piston friction when the bulk oil temperature is used to evaluate 
the viscosity. This result increases confidence in the assumption that the mid-
stroke liner temperature should be used to predict piston friction and also in the 
choice of index for the viscosity scaling of the piston group. This test also 
KLJKOLJKWVWKHVWUHQJWKRIWKHPRGHO¶VKHDWWUDQVIHUformulations. 
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4.9 Viscometry 
Limiting the levels of friction is one of the primary functions of a lubricant in the 
engine, and the property which most influences a lubricants ability to do this is its 
viscosity. Viscosity describes the ability of an oil to resist shearing forces and is 
highly dependent on temperature. Friction in the hydrodynamic regime is 
especially sensitive to viscosity, as the friction generated is associated with 
viscous shearing within the fluid film. In the engine, when the oil is subject to 
high shear rates and temperatures, the effective viscosity is lower than that found 
during measurement in laboratory conditions [88].  
Oil viscosity if commonly represented as either dynamic or kinematic viscosity, 
with dynamic being the absolute value, and kinematic being the ratio of dynamic 
viscosity to WKH RLO¶V GHQVLW\ The SAE J300 standard defines automotive 
lubricants in grades based on their temperature viscosity characteristics. A 
lubricant must be tested using several accepted test procedures such as the ASTM 
D5293 for the measurement of viscosity in a Cold Cranking Simulator (CCS) 
between -35°C and -5°C and the ASTM D4683 which measures viscosity at High 
Temperature and High Shear (HTHS) rates. To be classified in an SAE grade, a 
lubricant must fulfil but not exceed the viscosity limits specified in the J300 
standard for both high and low temperature operation.  
Automotive lubricants were of a single viscosity grade before the introduction of 
multi-JUDGH OXEULFDQWV LQ WKH¶V The early lubricants tended to have a steep 
temperature-viscosity profile, and as such would be unsuitable for use if ambient 
temperatures were extreme at either end of the scale. Multi-grade lubricants were 
created through the addition of Viscosity Index Improver polymers, whose chain 
geometry change depending on the temperature of the lubricant. The result of this 
was to create lubricants which act as a higher grade at low temperature, and as a 
lower grade at high temperature allowing for a smaller total viscosity range than 
that seen in single grade lubricants. The result was a range of lubricants which 
would remain in the safe operating zone for viscosity over a wider range of 
lubricant temperatures.  
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In a recent update to the J300 standard [89], concessions have been made to 
lubricants with high temperature viscosity that falls below the SAE 20 grade. The 
new SAE 16 grade maintains the low temperature viscosity profiles, but allows 
for a reduction in high temperature low shear viscosity and high temperature high 
shear viscosity of 11%. This will allow for lower levels of friction during fully 
warm engine operation compared to the older grades. 
There are several methods of varying degrees of accuracy used to predict the 
temperature dependence of DOXEULFDQW¶V viscosity. 
The Walther-Mccoull equation is used to evaluate the kinematic viscosity of oil at 
any given temperature and is the basis for ASTM D341 charts for the viscosity of 
liquid petroleum products [90]. It is also the equation currently used in the 
PROMETS SI model. Kinematic viscosity in m2/s is given in equation 4.11 as: 
ݒ ൌ ൛݁ݔ݌ൣ݁ݔ݌൫ܹ݈ܽݐ݄݁ݎ ? ൅ ܹ݈ܽݐ݄݁ ݎ ?Ǥ ݈݋ ሺ݃ ௢ܶ௜௟ሻ൯൧ െ  ?Ǥ ?ൟ ? ? ? ? ? ?  
 
(4.11) 
 
The constants, Walther 1 and Walther 2 vary by oil, and the constants for 2 
common oil grades are given in Table 4.3 below: 
 
Table 4.3 Walther Constants for Viscosity Calculation 
Oil Walther 1 Walther 2 
SAE5W-30 17.9821 -2.8894 
SAE10W30 19.0638 -3. 0724 
 
  
The Walther equation forms the basis of the ASTM viscosity-temperature charts 
where the loglog of viscosity is plotted against the log of the oil temperature.  
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The Vogel equation is more accurate than the Walther equation when predicting 
lubricant viscosity [74], and is present in the Diesel version of PROMETS but has 
not previously been introduced to the SI version.  
The Vogel equation takes the form: 
 
Where ߤ is the dynamic viscosity in Pa.s, a b and c are constants which relate to 
the oil in question, and T is the temperature.  
The Vogel equation predicts the dynamic viscosity of a lubricant at low shear 
conditions, whereas in an operating engine, the encountered shear will be 
relatively high. Shayler et al [88] made a modification to the Vogel equation 
which preserved the temperature-viscosity characteristic predicted by the Vogel 
equation but shifted the prediction to account for viscosity measured using CCS 
and HTHS values. This modified prediction better represented the effective 
viscosity experienced at the rubbing surfaces in the engine.  
The modified equation is given as  
Where   
And 
ߤ௩௢௚௘௟ ൌ ܽ݁௕ ሺ்ି௖ሻൗ  (4.12) 
ߤ ൌ ܽ݁௕ ሺ்ି௖ሻൗ ൫݀݁ሺ௙்ሻ൯ (4.13) 
݂ ൌ ݈݊ ൤ቀ ߤ஼஼ௌߤு்ுௌቁ ൬ߤ௩௢௚௘௟௧ଵߤ௩௢௚௘௟௧ଶ൰൨ଵܶ െ ଶܶ  (4.14) 
݀ ൌ ቆ ߤ஼஼ௌߤ௩௢௚௘௟௧ଵቇ ݁ݔ݌ሺെ݂ ଵܶሻ (4.15) 
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The measured viscosity for CCS and HTHS are compared to the Vogel 
predictions at these temperatures, which in this case have been set at -30 and 
150°C respectively.  
In the absence of a full set of viscosity data, the coefficients may be determined 
using a script found in [74]. This has been expanded to also produce the 
coefficients found in the modified Vogel equation. Dynamic viscosity data for 
three temperatures, as well as for the CCS and HTHS values are required to be 
input. A table of Vogel coefficients for oil historically used in the Engines 
Research Group, and for currently used oil is given below. The Ford 913C is the 
standard factory fill oil used for the VIPER engine and is classified as a 5W30. 
The values for the Bayliss 5w30 and 10w30 are for older oils found in [91] and no 
CCS or HTHS data was available for these. The Model and Special oils are new, 
low viscosity oils developed by BP for use in the VIPER project. Figure 4.21 
shows the Vogel equation viscosity predictions for all of the listed oils: 
 
Table 4.4 Vogel and Modified Vogel Coefficients for a range of lubricants 
Model Coefficients Vogel     Modified Vogel 
  A B C D F 
Ford 913c 7.85E-05 979 -115 -0.00093 1.01 
Model Oil 4.85E-05 998 -125 -0.00144 1.22 
Special Oil 3.76E-05 1098 -134 -0.00260 1.49 
Bayliss 5W30 7.80E-05 1180 -133 - - 
Bayliss 10w30 5.90E-05 1160 -125 - - 
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Using lower viscosity lubricants will have positive effects on fuel consumption, 
not only through the immediately obvious reduction in engine friction at the main 
rubbing surfaces. The power required to drive the oil pump will be reduced 
because of the lower viscosity of the fluid for a given flow rate. This reduction in 
power requirement can enable use of less tension on the auxiliary belt which 
drives the pump from the crankshaft.  
The gains seen from reducing oil viscosity do not synergise well with advanced 
thermal management techniques. As oil viscosity falls, the potential fuel savings 
that can be targeted through reducing the cold start friction penalty also drops, 
making the decision as to which strategy is optimal an important one. The use of 
new low viscosity oils is likely to be expensive, and the cost will be borne by the 
customer. Additionally, there is a physical limit to the grade of oil that can be 
used in engines, as the loads experienced by engine bearings must be supported by 
the fluid film. The Stribeck curve (Figure 2.1) clearly shows that at a constant 
load, as viscosity falls, the lubrication regime will change from hydrodynamic to 
mixed and eventually boundary lubrication which will cause increased friction 
and potentially damage to the rubbing surfaces. Advanced thermal management 
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techniques however will be completed by the manufacturer in the design phase, 
and will essentially be free to the customer over the vehLFOH¶VOLIHWLPHPLQXVWKH
initial costs passed on from development. 
 
4.7 Discussion 
The model presented in this chapter presents a new approach to evaluating engine 
friction based on local temperature variations between the rubbing surfaces 
instead of using bulk oil temperature predictions. This is linked to the main 
PROMETS model with friction predictions used as heat sources to the lumped 
capacity elements. The result is a better integrated model, with well-defined links 
between the friction, oil and structure sub-models.  
The fully warm predictions of the model developed in [25] was an attractive 
starting point for the local temperature friction model. Previous work had been 
done to adapt the prediction of friction values at a reference value of viscosity to 
values which apply during warm up to good effect, but this failed to capture the 
thermal characteristics local to the rubbing surfaces. Improvements to the model 
have been made to describe these effects for all of the rubbing surfaces. The 
model shows good agreement with limited teardown data after modification of 
several coefficients, as well as with full engine friction data throughout a wide 
range of constant and transient speed operating conditions.  
The equations in the model are based on work done in [25], [27] and [26], with 
updated viscosity indices that agree with lubrication and bearing theory and which 
no longer require a factor to account for increased friction when the engine starts. 
The increase in friction at cold start was previously accounted for by the viscosity 
ratio and cold start correction factor being applied to the entire fully warm friction 
value. In the local model, only hydrodynamically lubricated friction contributions 
have been viscosity scaled, and the cold start correction has been removed. This 
has required a significant increase in the indices used in the viscosity ratios to 
produce the required increase in friction at low temperatures. The choice of 
viscosity index agrees with modelling done in [18], [20] and [22]. 
89 
 
Assumptions have been made as to the condition of the oil at several key 
locations, notably the oil film on the liner surface, and the oil in the valvetrain. 
The nature of the oil in the valvetrain in particular is poorly understood, and the 
assumption that the oil will be at the temperature of the cylinder head is not fully 
informed. Observation through a window into the cylinder head of the VIPER 
engine suggested that the area is partially flooded, which would suggest that the 
oil temperature here would be lower than the metal temperature. However, with 
the valvetrain expression as a whole being so insensitive to temperature, the 
resulting difference in model predictions here would be minor if a change to a 
cooler reference location temperature was made.  
The empirical C constants have been recalculated for the VIPER engine. The most 
significant changes were seen in the constants for the valvetrain, with those of the 
crankshaft and piston group remaining largely similar to the values calculated by 
Leong [33]. Teardown data suggests that the VIPER valvetrain friction is around 
half of that predicted using coefficient values determined in previous work. The 
reason for the need to reduce the C values for the valvetrain is not known. Many 
factors influence this, including better surface finishing techniques [92], reduction 
in spring loads [93] or reduction in contact area between the cams and valve 
buckets.  
Coolant plunge tests have been used to validate the assumption of dependence of 
the piston friction on metal temperature as opposed to oil temperature. The 
immediate response of engine friction to an introduction of a slug of cold coolant 
to the engine shows the independence of a portion of engine friction on the oil. 
Model predictions to the change when set up for dependence on metal temperature 
were of the correct magnitude, increasing confidence in this assumption. 
Experiments on coolant flow rate on liner temperature by Gardiner et al. [15] , a 
paper to which the author contributed, showed increases of 10°C in the mid-stroke 
liner by reducing the speed of the coolant pump, but were unable to measure any 
change in friction due to noise in the friction measurements. This highlights the 
importance of modelling, and especially a model sensitive to local temperature 
when investigating the effects of thermal manipulation on engine friction. 
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The magnitude of friction responses to changes in operating temperature has been 
examined in Figure 4.10 which shows the percentage change in total engine 
friction for a 10 degree rise in operating temperature over the temperature usually 
recorded at a particular part of the NEDC cycle. The results show that despite the 
viscosity dependence of the crankshaft being higher than that of the piston group 
in the model, the fact that the piston contributes a much larger proportion of total 
engine friction means that more benefit would be realised by targeting the piston 
over the crankshaft for friction reduction through improved warm-up. This could 
be examined through altering the heat transfer coefficients between the coolant 
and the cylinder in the coolant jacket to increase the temperature of the mid stroke 
liner to simulate the insulation of the cylinder from the coolant jacket. Insulation 
of the back of the liner could be used to achieve this. Care would have to be taken 
to retain sufficient cooling to prevent damage during prolonged running at high 
speed and load.  
There remain areas in which the model can be improved. It is known that as an 
engine warms up, the differences in thermal expansion between materials will 
cause changes in clearances between the rubbing surfaces. In the journal bearings 
found in the crankshaft for example, the thermal expansion of the aluminum block 
will be greater than that of the steel crankshaft, leading to bearing clearances that 
will increase during an engine warm up. Larger clearances will reduce the friction 
in the bearing, but will also lead to a reduced load carrying capacity, as described 
LQ6RPPHUIHOG¶VQXPEHUThe effect of bearing clearance on friction has not been 
implicitly taken into account in the model, and this is an area in which the model 
could be improved upon.  
While the model predicts the temperature-friction relationship well, the absolute 
viscosity of the lubricant is not taken into account in the model, outside of the 
empirical constants. For predictions to be made about the effect of a lower 
viscosity lubricant, experiments would have to be carried out to recalibrate the 
constants for the new lubricant. It would be advantageous for this functionality to 
be added to the model to eliminate this requirement.  
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Chapter 5. Modelling the VIPER oil circuit 
 
5.1 Introduction 
The primary functions of the lubrication system are to reduce friction at the 
rubbing surfaces, increase engine life by reducing wear, act as a transport medium 
for friction work to cool rubbing surfaces, and to remove debris from rubbing 
surfaces. While there are variations in design, the oil circuit of an internal 
combustion engine typically consists of a series of pumps, filters, pressurised 
galleries, unpressurised returns and a sump. TKHHQJLQH¶VOXEULFDWLRQFLUFXLWVPXVW
be carefully designed to control the flow rate, temperature and pressure of the oil 
reaching each rubbing component through a wide range of operating conditions. 
Engines in production feature a crankshaft driven fixed or variable displacement 
oil pumps, and use a wet sump, oil reservoir design, although variable flow pumps 
are becoming more common. A wet sump system utilizes a sump directly 
connected to the bottom of the crankcase which collects oil as it returns under 
gravity from the rubbing surfaces. An alternative sump configuration, a dry sump 
system employs scavenge pumps to collect oil from the bottom of the crankcase 
before returning it in a pressurised state to an external reservoir. Due to the greater 
number of pumps, filters and external oil routing, dry sump systems are more 
expensive, and are most often seen in high performance vehicles due to their 
ability to provide a consistent supply of oil regardless of high lateral loading on 
the vehicle which can interrupt oil flow from a wet sump if the oil pickup is left 
exposed. Storing the oil externally to the engine also allows for greater oil 
volumes to be carried, reducing the risk of the oil overheating during sustained 
periods of high power operations.  A negative effect of this increased volume 
however, is that the oil will take longer to reach a steady state temperature unless 
the tanks are fitted with auxiliary oil heaters which further add to the cost of the 
dry sump system.  
There are growing number of new vehicles that replace conventional fixed 
displacement oil pumps with either electrically driven pumps, or crankshaft driven 
variable flow rate pumps. An oil pump on an automotive engine is sized to 
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provide an adequate oil supply in terms of both pressure and flow rate to the 
engine in the most demanding of conditions; this occurs when the engine is hot, 
and running at idle speeds. Consequently, the pump tends to exceed the demand 
of the engine for oil throughout the majority of other running conditions leading 
to unnecessary power consumption from the pump. The use of a variable flow rate 
SXPSDOORZV IRUPRUHSUHFLVHPDWFKLQJRI WKH HQJLQH¶VRLO VXSSO\ UHTXLUHPHQWV
and the output of the pump, minimising wasted pump power. These pumps can 
also adapt to changes in conditions, such as the use of different oil grades, high 
wear on older engines, or filter blockages. 
As described in Chapter 3, at the outset of this project the oil circuit in PROMETS 
was representative of that found in the Ford CVH engine manufactured in the 
1980s. Whilst the design of the VIPER oil circuit is not radically different, it does 
feature a revised flow path, as well as several components not found in the 
original circuit. Figure 5.1 shows the representation of the CVH engine in 
PROMETS. The oil circuit representation has been modified to better represent 
the VIPER engine and to include components not previously included in the 
PROMETS SI model.  
Figure 5.1 Oil Circuit for the CVH engine representation 
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5.2 VIPER oil circuit layout 
Figure 5.2 is a CAD drawing of the VIPER oil circuit with pressurised and 
unpressurised flows highlighted The layout follows that of a conventional wet 
sump system. A crankshaft driven fixed displacement gear pump draws oil from 
the sump through a short pick-up tube and delivers it though a filter assembly 
integrated with an oil coolant heat exchanger. From here the oil flows through a 
short internal gallery though the block before a feed to the balancer shaft splits 
from the main flow. After this split the oil reaches the main gallery at the rear of 
the engine. The main bearings are lubricated through five feeds from the main 
gallery, with the big end bearings receiving oil through passages in the crankshaft 
from the main bearings. Piston cooling jets are used to supply oil when main 
gallery pressure exceeds 2.7 bar absolute to cool the piston, and for lubrication of 
the rings and skirt. Oil from the pistons, main and big end bearings all fall back to 
the sump unpressurised. There are two galleries that lead from the main gallery. A 
gallery running across the front of the engine provides oil to the turbocharger and 
timing chain tensioner before a channel up to the cylinder head provides oil to 
pressurise the variable valve timing actuators. The other gallery leaving the main 
gallery carries the oil straight to the cylinder head from approximately half way 
along the block. This provides the oil required to lubricate the camshafts via two 
parallel head galleries with feeds to the bearings. The valves and valve buckets are 
splash lubricated. Oil from the head collects on the head deck and returns to the 
sump through passages cast in the block that open out into the crankcase. The 
instrumentation of the oil circuit is shown in Figure 5.3. K type thermocouples are 
used in all locations, and are accurate to ±1º. 
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Figure 5.2 CAD Drawing of the VIPER Oil Circuit  
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5.3 Oil circuit updates for modelling the VIPER engine 
There is much commonality in the elements and system configuration used in the 
CVH and VIPER engines, allowing the majority of equations used to evaluate 
heat transfer to and from the oil circuit in previous work to be used without 
modification. Where possible, the equations used in Chapter 3 have been retained, 
albeit in a different sequence in some instances. The updated oil flow path in the 
PROMETS model is shown in Figure 5.4.  
The major differences between the oil circuits and additions made are as follows. 
Firstly, a distinct sump location has been added. This was previously calculated 
by considering the net heat transfer to the oil around the entire circuit, and was not 
a discrete node. This has required estimation of the flow rates though the main 
bearings and piston cooling jets to complete the energy balance of oil returning to 
the sump. Heat transfer in the filter cooler assembly was previously evaluated 
before the oil returned to the sump. This has been added as a node in the oil circuit 
immediately after the oil leaves the sump. 
Where the feed to the head leaves the main oil flow before the main gallery in the 
CVH engine, it is taken from the centre of the main gallery in VIPER. Heat 
transfer from the engine structure in the front and main gallery is required to be 
calculated before the oil diverges from the main flow.  
The CVH engine had no piston cooling jets, so the pistons were assumed to be 
lubricated via splash from the main bearings. Consequently in the model for this 
engine, the bearing and piston heat transfer calculations were arranged in series. 
The piston cooling jets in the VIPER engine are supplied directly from the main 
gallery, and so heat transfer calculation must be done in parallel with that in the 
main bearings. Heat transfer pathways to the oil have also been added to the parts 
of the cylinder liner which will be exposed throughout parts of the stroke.  
The main gallery is located directly beneath the cooling jacket in the VIPER 
engine, instead of in the crankcase walls. This will alter the nature of heat transfer 
in the galleries. The crankcase metal lags the rest of the engine in rate of warm up 
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due to its large thermal inertia, meaning that oil running through this metal will 
lose temperature. Having the gallery near the liner and the cooling jacket will 
mean that oil flowing through the gallery will gain energy. Figure 5.5 shows the 
heat inputs from the gallery to the oil. Due to the location of the main gallery in 
the VIPER engine, the approach of main gallery insulation outlined in [47] would 
not be suitable for raising the oil temperature. 
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Figure 5.4 The PROMETS representation of the VIPER oil circuit  
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Figure 5.5 Predicted heat transfer to the oil in the main gallery during the 
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5.4 Oil sump temperature  
Bulk oil temperature is evaluated based on the sum of heat flows in and out of the 
circuit acting on a constant mass of oil. Bulk oil was previously been used as an 
approximation of the oil sump temperature, and has been useful in providing a 
temperature with which to evaluate an average oil viscosity for use in the PNH 
friction model.  
With the move to a local temperature based friction model, a bulk oil temperature 
is no longer required, and the oil circuit has been reconfigured to include a 
representation of an oil sump temperature. This is more physically descriptive of 
the oil circuit. 
Although work by Law [46] has shown large temperature gradients within the 
sump during early engine running, the sump oil has been assumed to be 
isothermal for the purposes of simulation. Experimental data from thermocouples 
located in the oil pickup in the sump does not show large temperature fluctuations 
as the oil enters the engine. 
Based on an assumed mass continuity for the sump, the following energy balance 
has been made for sump oil: 
Where the subscript 1 refers to the oil in the bearing loop, 2 refers to oil in the 
piston cooling jet loop and 3 refers to oil in the cylinder head loop. Ts and Ta are 
sump and ambient temperatures. By using the temperature of sump inputs to 
evaluate sump temperature, the location can be represented within the oil circuit.  
The heat transfer to ambient has been retained from the previous model, and is 
based on the assumption that the conductive heat transfer to the sump metal is 
insignificant when compared to the convective losses to ambient.  
݉௦ܿ௣ ݀ ௦ܶ݀ݐ ൌ ሶ݉ ଵܿ௣ሺ ଵܶ െ ௦ܶሻ ൅ ሶ݉ ଶܿ௣ሺ ଶܶ െ ௦ܶሻ ൅ ሶ݉ ଷܿ௣ሺ ଷܶ െ ௦ܶሻ൅ ݄௦ܣሺ ௔ܶ െ ௦ܶሻ 
 
(5.1) 
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Oil consumption has been estimated for the main bearings, big end bearings, and 
the piston to determine the proportion of the pump oil flow that is in each of the 
loops and the energy which they will carry to the sump. Equations from Martin 
[94] [95] have been used to predict oil flow rate through journal bearings with a 
180° groove. The flow rate is calculated as the sum of the hydrodynamic and 
pressure driven flow rate. Hydrodynamic flow describes the flow due to the 
pumping of oil through the bearing as a result of journal eccentricity, clearance, 
and rotation. The pressure flow results from the pressure difference between the 
main gallery and the ambient conditions at the outlet of the bearing. 
Hydrodynamic flow is given in [94]as: 
Here, N is the relative speed between the shaft and the journal, C is the radial 
clearance, L is the bearing length, D is the bearing diameter, and ᖡ is the 
eccentricity ratio. Bearing eccentricity is set to a value of 0.8 which is typical of 
loaded journal bearings [33], and clearance is assumed to be 30 microns. This 
equation is valid for bearings RIቀ௅஽ቁDQGߝ 
The pressure flow component is calculated as described by Martin [95] as: 
With: 
And  
ሶܳ௛ ൌ ߨܰܦߝܥܮ ቈ ? െ  ?Ǥ ? ?൬ܮܦ൰ଵǤଽ ߝ଴Ǥ଴ଶ቉ 
 
(5.2) 
ሶܳ௣ ൌ ۉۈۈ
ۇ
ۉۈ
ۇ ?Ǥ ? ?െ  ?Ǥ ? ?ቀܽܮቁ ? ቀܽܮ െ  ?ቁଵଷ یۋ
ۊ ଵ݂ ൅ ቌ ܦܮ ? ቀ ? െܽܮቁቍ ଶ݂یۋۋ
ۊ ߤܥଷܲ 
 
(5.3) 
ଵ݂ ൌ ൫ ? ൅ ߝሺܿ݋ݏ߮ଵሻ൯ଷ ൅ ൫ ? ൅ ߝሺܿ݋ݏ߮ଶሻ൯ଷ (5.4) 
ଶ݂ ൌ ቈ߮ଶ ൅  ?ߝሺݏ݅݊߮ଶሻ ൅ ߝଶ ቀ ?Ǥ ? ଶ߮ ൅ ൫ଷሺ௦௜௡ଶఝమሻ൯ସ ቁ ൅ ߝଷ ቆሺݏ݅݊߮ଶሻ െ ሺ௦௜௡ఝమሻయଷ ቇ቉±ቈ߮ଵ ൅  ?ߝሺݏ݅݊߮ଵሻ ൅ ߝଶ ቀ ?Ǥ ? ଵ߮ ൅ ൫ଷሺ௦௜௡ଶఝభሻ൯ସ ቁ ൅ ߝଷ ቆሺݏ݅݊߮ଵሻ െ ሺ௦௜௡ఝభሻయଷ ቇ቉ (5.5) 
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In these equations a is the groove length, ߤ is the dynamic viscosity of the oil and 
P is the feed pressure to the bearing. The terms ଵ݂ and ଶ݂ are flow rate functions 
described in the reference and are dependent on the geometry of the oil feed 
groove. ߮ଵ and ߮ଶ are the angles of the beginning and end of the oil feed groove 
in relation to the attitude angle of the bearing. The attitude angle is the angle 
which arises if the centre of the bearing and the centre of the journal are joined by 
a line. In the case of an assumed eccentricity of 0.8, the attitude angle is 32°. 
Results from these equations for five main bearings at a range of speeds are 
shown in Figure 5.6. The dimensions used in are given in Table 5.1. 
Table 5.1 Bearing properties for flow rate prediction 
Eccentricity (-) 0.8 
Attitude angle (°) 32 
Feed Pressure (Pa) 400000 
Length (m) 0.018 
Diameter (m) 0.053 
Groove Length (m) 0.004 
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Figure 5.6 Summed flow rates for five crankshaft main bearings with a 180° 
groove using 5W30 oil  
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Big end bearing calculations are adopted from Mian [96]. This equation is suitable 
for a simple bearing with a single oil feed hole, and no oil supply groove in the 
bearing. These constraints are appropriate to big end bearing design.   
 
Piston cooling jet flow rate was calculated based on empirical equations presented 
by Mian [96] which was itself based on work on discharge coefficients from 
Lichtarowicz et al. [97]. The discharge coefficients ܥௗ were calculated by treating 
the piston cooling jets as long orifices, with a ቀ௅஽ቁ over 2.0. ܥௗ is a ratio of the 
actual flow through the orifice, to the flow which would be produced if a stream 
of the same area was accelerated from the conditions at the supply of the orifice, 
for a given pressure drop. 
The flow rate through the orifice is: 
ܣ௢ is the area of the orifice, m is the ratio of diameters of the orifice supply pipe 
and the orifice, P is the pressure and ߩ is oil density. 
A hydraulic Reynolds number, which is based on orifice diameter and pressure 
drop (as opposed to flow velocity) is used to calculate discharge coefficient: 
Where ݒ represents the kinematic viscosity. Two calculations are presented for the 
value of the discharge coefficient to distinguish between the changes in flow 
ሶܳ ൌ  ?Ǥ ? ? ?ቆܥଷܲߤ ቇ ൬݈ܦ ൅  ?Ǥ ?൰ଵǤ଻ହ 
 
(5.6) 
ሶܳ ൌ ܥௗܣ௢ሺ ? െ ଶ݉ሻଵଶ ൬ ? ?ܲߩ ൰ଵଶ 
 
 
(5.7) 
ܴ݁௛ ൌ ݀௢ݒ ൬ ? ?ܲߩ ൰ଵଶ 
 
 
 
(5.8) 
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characteristics. For turbulent flow, with Reynolds numbers greater than 20000, the 
upper limit of the discharge coefficient was expressed as: 
However, at the operating conditions commonly seen in internal combustion 
engines, Reynolds numbers more in the region of 2000 are expected [46]. With a 
pressure drop of 4 Bar between the main gallery and the jet outlet, the oil viscosity 
would have to be an order of magnitude lower than the viscosity of a 5W30 oil at 
fully warm engine temperatures to reach the turbulent threshold. Therefore, for 
cases below the 20000 Reynolds number threshold, the following relationship is 
used: Flow through the piston cooling jets is shown in Figure 5.7. 
  
 
ܥௗ௨ ൌ  ?Ǥ ? ? ?െ  ?Ǥ ? ? ?൬ ݈݀௢൰ଵଶ 
 
 
(5.9) 
 ?ܥௗ ൌ  ?ܥௗ௨ ൅  ? ?ܴ݁௛ ൬ ? ൅  ?Ǥ ? ?݈݀௢൰ െ  ?Ǥ ? ? ?݀ܮ௢ ?Ǥ ? ?ሺ݈݋݃ ?Ǥ ? ? ? ? ?ܴ݁௛ሻଶ 
 
(5.10) 
Table 5.2 Piston Cooling Jet Properties 
l (m) 0.05 ݀௢ (m) 0.002 
Figure 5.7 Total Piston cooling jet flow rate for four jets 
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The final consumption of the piston cooling jets, main and big end bearings at 
fully warm conditions over a range of engine speed is shown in Figure 5.8. Piston 
cooling jet flow rate is independent of engine speed, and its contribution remains 
fixed, varying between 76-83% of total non-head main gallery oil flow, at fully 
warm conditions as engine speed changes. At lower temperatures however, this 
proportion changes, as both the piston cooling jets and the bearing flow rates are 
affected by changes in oil temperature. At 30°C oil temperatures, the piston 
cooling jets account for 91% of block oil flow when the engine speed is 500RPM, 
and this falls to 67% at 7000RPM. As the average engine speed of the NEDC is 
around 1000RPM, an 80% weighting in favour of the piston cooling jets has been 
adopted.  
Once the mass flow rate splits between the piston, bearings, and the flow from the 
head have been evaluated, and the energy input to the sump oil calculated, the 
sump temperature is then given as: 
  
ଵܶ ൌ ଴ܶ ൅ ܳ݉ሶ ܥ௣ (5.11) 
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Figure 5.8 Flow rate comparison between bearings and jets at fully warm. 
Gallery pressure is constant at 4 bar 
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5.5 Filter cooler heat transfer  
After the sump temperature has been calculated, the oil is thermally linked to the 
ancillary components with which it is in contact. This step was previously done 
after the oil had returned from the cylinder head and was not representative of an 
actual oil circuit. 
After the pump, the oil flows through a small gallery to the filter cooler assembly. 
As with the ancillary heat transfer, this was previously conducted at the end of the 
oil circuit. This location has been moved to match the VIPER oil circuit.  
The oil cooler is a device fitted to engines that facilitates heat dissipation from the 
oil to the coolant at fully warm conditions in order to prevent excessive 
temperature in the oil which gives rise to premature oil degradation. Conversely, 
during engine warm up, the oil cooler allows the coolant to act as a heat source for 
the oil, as the coolant temperature tends to lead the oil temperature, generally until 
the thermostat opens.  
The oil cooler fitted to the VIPER engine has an effectiveness of around 20% 
when analysed using the Number of Transfer Units (NTU) method of dividing the 
actual heat transfer achieved by the cooler, by the maximum possible heat transfer 
achievable with an exchanger of infinite length as shown in Equation 5.12. 
Q is given as: 
Q can be calculated using the specific heat capacity and temperatures for either 
fluid, as the heat transfer to one fluid will equal the heat transfer from the other. 
Qmax is calculated by taking the smaller value of the two fluid¶s specific heat 
capacities, and the temperature difference between the hot and cold fluids at the 
entrance to the heat exchanger: 
ߝ ൌ ܳܳ௠௔௫ 
 
(5.12) 
ܳ ൌ ܥ௣ሺ ଵܶ െ ଶܶሻ 
 
(5.13) 
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The heat transfer in the oil cooler is then modelled as: 
Where ߝ is the effectiveness, a number between 0 and 1. ሺ ሶ݉ ܥ௣ሻ௠௜௡ is the heat 
capacity multiplied by the flow rate. The value of this calculated for each of the 
fluid and the lower of the two results is taken. Tc is the coolant temperature, and 
To is the oil temperature. These values were measured during engine operation, 
and used to evaluate the effectiveness. Figure 5.9 shows oil cooler effectiveness 
calculated using experimental temperature data from three sets of fixed speed 
running conditions at engine speeds and loads representative of NEDC running  
conditions. The initial transients shown on the chart are a result of the flow rates 
of the oil and coolant establishing themselves, and the temperature of the oil feed 
stabilising. 
  
ܳ௠௔௫ ൌ  ܥ௠௜௡ሺ ௛ܶ െ ௖ܶሻ (5.14) 
ܳ ൌ ߝ൫ ሶ݉ ܥ௣൯௠௜௡ሺ ௖ܶ െ ௢ܶሻ 
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Figure 5.9 Experimental Oil cooler effectiveness data from NTU analysis. Tests 
were performed at constant speed load, and from cold start.  
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5.6 Main bearing model 
The friction contribution from the main bearings is predicted to account for 13% 
of total engine friction power throughout an aNEDC, making it a significant 
contributor to the fuel consumption of the engine. In addition to this, the frictional 
dissipation here is one of the heat sources for the oil, accounting for around 10% 
of the total heat transferred to the oil during the aNEDC.  Figure 5.10 shows the 
cumulative heat transfer to the oil in the model from all of the heat sources over 
an aNEDC. Heat transfer from the structure is the dominant mechanism for oil 
warming, but frictional dissipation is still a significant source of energy. The 
correct treatment of the balance between the dissipation of friction power to the 
oil and the heat conduction from the oil to the structure is critical when examining 
local thermal behaviour.  
Previously, handling of the thermal friction interaction around the bearings in the 
PROMETS model assumed that a fixed proportion of the power dissipated as 
friction is transferred to the oil as heat. However, a paper by Jarrier [98] predicted 
this proportion to vary between 20% of friction power being used to heat the oil at 
engine start where the engine structure remains cold and therefore acts as a 
significant energy sink. This rises to 90% after 40 minutes of simulation when the 
engine is fully warm and most of the friction power is transported away from the 
bearing in the oil.  
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Figure 5.10 Predicted oil energy sources throughout the aNEDC  
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A simplified lumped capacity representation of the lower part of the engine block 
surrounding the crankshaft bearings was employed in older versions of the  
PROMETS model. Two large elements were used to represent both the bearing 
support plates, and the crankshaft journal, a mass which, in the VIPER engine 
accounts for around a fifth of the total engine. 
An updated friction model has been developed where calculations are based on 
local temperatures, and an increased number of elements along with a description 
of the thermal-friction interaction in the bearing synergises well with this. This 
model is a continuation of the work done by Law [66] and Zammit [70] to 
describe the thermal interactions between the oil film, journal bearings and the 
metal surrounding the bearings in diesel engines, with the concept extended to 
further increase the number of elements that describe the bearing support plates 
and the addition of a shell element. 
An additional three elements have been added to the model to represent the 
crankshaft, bearing shell and main bearing caps. The bearing support plate 
elements have been increased in number from two to four elements to increase the 
fidelity of radial heat transfer predictions. The new elements are shown in Figure 
5.11 along with the previous layout. Table 5.4 gives the properties of the new 
elements. 
Figure 5.11 New lumped capacity elements surrounding the main bearings.  
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The model assumes that all of the bearing friction work is dissipated into the oil 
film initially, before being transferred to either the crankshaft element, or the 
bearing shell element, both of which are assumed to be at a spatially uniform 
temperature for the purposes of the model. This heat transfer is assumed to be 
distributed equally around the bearing to the two elements. 
Given this, the energy balance for the friction work ሶܲ௙, element and oil 
temperatures is given in [70] as: 
This can be rewritten as  
Here, the subscript i denotes oil inlet conditions, o denotes oil outlet conditions, f 
is the film, s the shell and j the journal. The thermal resistance between the film 
and the metal elements was shown in [70] to best represent experimental data for 
Table 5.4 Element Properties and Dimensions for the bearing model 
Element Material 
Volume Thermal 
Conductivity 
Specific Heat 
Capacity 
Density 
(m3) (W.m-1.K-1) (J/Kg.K) (kg/m3) 
Outer Bearing 
Support Plate 
Aluminium 
1.3x10-4 162 871 2660 
Inner Bearing 
Support Plate 
Aluminium 6.3x10-5 162 871 2660 
Bearing Carrier Aluminium 8.6x10-5 162 871 2660 
Main Bearing 
Shell 
Steel 4.16x10-6 26 420 8700 
Main Bearing 
Shaft 
Cast Iron 3.82x10-5 54 460 7570 
ሶܲ௙ ൌ ሶ݉ ௢ܿ௣ሺ ௢ܶ െ ௜ܶሻ ൅ ሶܳ௦௛௘௟௟ ൅ ሶܳ௝௢௨௥௡௔௟ 
 
(5.16) 
ሶܲ௙ ൌ ሶ݉ ௢ܿ௣ሺ ௢ܶ െ ௜ܶሻ ൅ ൫ ௙ܶെ ௦ܶ൯ܴ௧௛ǡ௦ ൅ ൫ ௙ܶെ ௝ܶ൯ܴ௧௛ǡ௝  
 
(5.17) 
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oil film, and the surrounding metal temperatures when set to a value of 0.07 K/W. 
A value of 0.035K/W was found to give much better agreement with experimental 
data. Using this lower value, the initial temperature rise over the gallery 
temperature is reduced. Sensitivity studies carried out by Zammit [70], showed 
the influence of the thermal resistance on the film temperature to be high during 
early running, with a large effect on the initial temperature rise seen in the film, 
but making a diminishing impact on the film temperature as the oil warmed.  
The model is run in an iterative loop written in an embedded M file. After 
receiving the user inputs of engine speed, oil starting temperature and bearing 
dimensions, the model uses the Vogel Equation (4.12) and oil temperature from 
the previous time step to calculate viscosity. This provides the correction needed 
for Equation 4.5 to calculate main bearing friction. Using the value for friction 
power, the film temperature is then re-evaluated, and heat transfer to the metal 
elements is calculated. The iterative process is halted when a difference of less 
than 0.5°C is achieved between current and subsequent oil film temperature 
predictions. 
The destination of the heat dissipated as friction in the bearing is shown in Figure 
5.12 for a constant speed test at 3000RPM. In the early seconds of running, the 
majority of the heat is transferred to the structural elements in contact with the oil 
and 20-30% of the total heat is used to raise the temperature of the film here. As 
the oil warms, it exceeds the temperature of the structure at the  
bottom end of the engine, and by approximately the 600 second mark, the oil 
entering the bearing from the main gallery is being cooled in the bearing due to 
the strong thermal link between the oil and the structure in this location. This can 
be seen in the Qconv term as it reduced to zero at this point.  The engine structure at 
the lower end of the engine eventually reaches its normal operating temperature, 
in the test this occurs at between 800 and 900 seconds, and at this point, the 
majority of the frictional dissipation is being carried out of the bearing in the oil, 
as is shown by the dominance of the convective heat flow at the end of the test. 
These results stress the challenges encountered when attempting to manipulate the 
HQJLQH¶V WKHUPDO VWDWH ,Q RUGHU WR PD[LPLVH WKH LPSDFW RI IHHGLQJ WKH EHDULQJ
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with warmer oil, the thermal links between the oil and the lower structure of the 
engine must be weakened or broken so that as much of this temperature increase 
as possible is preserved in the bearing. This would allow for a larger proportion of 
energy to be retained in the film in during early running, and help mitigate the 
detrimental effect seen between 600 and 700 seconds in this test where the oil is 
losing energy. 
Figure 5.12 Predicted heat transfer in the main bearings for a 3000RPM warm up 
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5.7 Bearing model results 
Results from the bearing model are shown below.  The model captures the thermal 
behaviour of the bearing film in greater detail than the fixed proportion of friction 
solution did. Rapid responses to changes in friction throughout the aNEDC can be 
seen in Figure 5.13. The old prediction followed the temperature trends in the 
main gallery very closely whereas the new bearing model allows for additional 
temperature transients to be captured. Figure 5.14 shows the heat flows in the 
bearing during the final phase of the first UDC. The rapid changes in the levels of 
frictional dissipation to the film, the journal and the shell can be clearly seen. 
Fixed speed warm-up results are shown in Figure 5.15. The model captures the 
fast rise in temperature at the bearings, over the temperature rise purely from the 
increase in feed temperature, but over-predicts the effect at the end of the cycle. 
The previous model input similar levels of power to the oil, but did so to a mass 
flow rate that was estimated as a flat multiplier of the total engine oil flow, which 
reduced the sensitivity of the temperature predictions at this locations. The 
response to the same coolant plunge test as described in Section 4.8 is shown in 
Figure 5.16. Here, the temperatures follow the experimental oil response very 
well. This ability to predict the response to unusual transient events highlights the 
robustness of the model.    
Figure 5.13 Warm up comparison between old and new bearing temperature prediction, and 
experimental data for the aNEDC  
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Figure 5.15 Warm up comparison between bearing and main gallery temperature 
predictions, and experimental data for the a fixed speed warm up at 1800RPM 90Nm 
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Figure 5.14 Predicted bearing heat flows over a single acceleration during the NEDC  
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Figure 5.16 Coolant plunge test results for film and bulk oil temperatures.  
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5.8 Piston cooling jets 
Piston cooling jets are devices, usually fitted to the main galleries which direct a 
stream of oil to impinge on the underside of the piston to increase cooling in this 
area. Increases in internal combustion engine performance combined with a trend 
in downsizing, has led to higher thermal loading on the piston. Passive splash 
cooling by the oil in the crankcase has been sufficient in the past to keep piston 
temperatures within an operating window where thermal efficiency and material 
safety are not jeopardised. Newer, more powerful and often turbocharged engines 
now require dedicated cooling of the pistons. The use of piston cooling jets in an 
engine will alter the distribution of heat in the engine. In an engine with no jets 
installed, the final destination of the thermal energy in the piston is the coolant via 
the cylinder liner. The addition of piston cooling jets will redistribute a proportion 
of this to the oil. Zammit [70] predicts this proportion as being between 40% and 
60% of the energy input to the piston crown in a diesel engine. There will be an 
increase in the volume of oil present in the crankcase when jets are installed, 
which will cause additional resistance on the crankshaft as it moves through the 
oil mist [75]. This has not been modelled.  
The PROMETS oil circuit used the temperature calculated in the main bearings as 
the source of oil being used to cool the piston skirt in the old model, and the heat 
transfer coefficient was based on an oil mist in contact with the metal. A value of 
50W/m2.K was used in this version of the model. The heat transfer coefficient 
produced with a high flow rate directed jet of oil impinging on the underside of 
the piston has been shown to be orders of magnitude higher than this, as 
demonstrated in [99].  
In work done by Easter et al. [100], a Nusselt number correlation was sought. The 
form of this is given in Equation 5.10. This work is some of the most recent 
focussing specifically on jet heat transfer with the piston. This correlation has 
been integrated with the PROMETS oil circuit to predict the heat transfer 
coefficient with the back of the piston. Other models have been presented in [101] 
and [102] but these focus on diesel engines, which often have cooling galleries 
within the piston.  
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This is rearranged to give the average heat transfer coefficient for the piston 
underside and the oil jet: 
In this equation do is the diameter of the jet outlet and z is the distance between 
the piston and the jet. The constants W, X, Y and X were empirically determined 
for a nozzle of a diameter of 1.7mm and are given in Table 5.4. The nozzles fitted 
to the VIPER engine have an outlet inner diameter of 1.4mm. Consequently it is 
expected that the constants used reported in [100] will cause a slight under 
prediction of heat transfer coefficients.  
Table 5.4 Constants for equation 5.11 [100] 
Constant W X Y Z 
Value 0.028 -0.034 0.652 0.4 
 
Reynolds number is calculated in equations 5.10 and 5.11 as: 
The velocity was determined by using the mass flow rate calculation in equation 
5.7 and assuming no reduction in flow speed across the distance between the 
piston underside at the mid-stroke position and the jet outlet. Oil viscosity is 
calculated using the Vogel equation (4.12).  
Predicted heat transfer coefficients using Equation 5.11 can be seen in Figure 
5.16. Results agree with values reported in [99] as well as from the source 
research [100]. 
Implementation of the piston cooling jet model has added a significant extra heat 
source for the oil. During the aNEDC, this peaks at 350W per piston. In Figure 
5.17, the heat transfer between the oil from the piston cooling jet, and the heat 
ܰݑ௔௩௚ ൌ ݄௔௩௚ ݀௢ ݇ൗ ൌ ܹ ቀݖ ݀௢ൗ ቁ௑ ܴ݁௢௒ܲݎ௢௓ 
 
(5.10) 
݄௔௩௚ ൌ ݇ ݀௢ൗ ܹ ቀݖ ݀௢ൗ ቁ௑ ܴ݁௢௒ܲݎ௢௓ 
 
(5.11) 
ܴ݁௢ ൌ ߩ௢ݒ௢ ݀௢ ߤ௢ൗ  
 
(5.12) 
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transfer between the crankshaft oil mist and the piston skirt are shown. Jet heat 
transfer can be seen to be significantly greater than mist heat transfer.  
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5.9 Oil circuit predictions 
The oil circuit temperature predictions have been compared to transient and fixed 
speed running conditions in this section. Sump oil temperature predictions have 
been compared with the measurements from a thermocouple located at the intake 
to the oil pump. This thermocouple provided a much less variable signal than the 
mid-sump thermocouple and is more representative of the oil temperature that the 
engine experiences. Full details of the engines instrumentation can be found in 
[92] 
Oil temperatures agree well with experimental data for aNEDC tests and for 
constant speed warm up. In Figure 5.18, a warm up prediction over the aNEDC is 
shown. The predictions for two other fixed speed warm ups are shown plotted 
against their experimental equivalents in Figure 5.19. The dotted lines in this 
figure represent ±10°K from the experimental, and shows that the predictions fall 
within these limits in all cases.  
The temperature distribution along the lower loop of the oil circuit is shown in 
Figure 5.20. This gives the experimental temperatures as the oil leaves the sump 
and flows through the main gallery to the bearings. Additional nodes are 
represented for the predictions of oil at the piston cooling jets and the crankcase 
mist, although these values are not available experimentally. The ability to predict 
temperatures that are difficult to measure is a strength of this model. The 
temperature distribution along this loop is established early as can be seen in 
Figure 5.20 which shows the temperatures 10 seconds into an aNEDC warm-up. 
This temperature distribution is maintained throughout the warm-up as can be 
seen at 200 and 1000 seconds. The PROMETS model tends to over-predict sump 
temperatures and therefore under-predict heat transfer seen in the galleries, as can 
be seen by the temperature rise between the bulk and the gallery being lower than 
that seen experimentally.  
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5.10 Discussion 
The oil circuit model in the SI PROMETS has been strengthened in its 
representation of a modern SI engine. An iterative model which solves the energy 
balance in the main bearings has been added to replace an assumption of a fixed 
proportion of frictional dissipation being driven to both the structure and the oil. A 
Nusselt number relationship has been used to predict the heat transfer coefficient 
for an oil jet impinging on the piston crown underside. The main gallery has been 
relocated to sit next to the cylinder. The sequence in which heat transfer 
calculations are carried out has also been modified to match the VIPER engine.  
Results from the bearing model show strong coupling of the oil film temperature 
to the temperature of the surrounding metal, as illustrated by the high heat transfer 
rates to the structure during warm up. Reduction in bearing friction through 
increasing the oil feed temperature would therefore be difficult without insulation 
of the bearing to weaken this coupling. 
In terms of thermal characteristics of the oil circuit, the single most significant 
source of difference between the representations of the engines oil circuit is the 
addition of piston cooling jets. These have not been simulated in SI engines in 
PROMETS. The effect of piston cooling jets on diesel engines was seen in [103] 
as being beneficial to emissions levels, but had a negligible impact on fuel 
economy. Simulation of oil circuit warm up shows an additional 780KJ of energy 
being transferred to the oil over the course of the aNEDC via the heat transfer 
from the piston to the oil. This energy would previously have been conducted 
through the piston rings to the liner, and eventually the coolant. A small 
proportion of this would have eventually reached the oil through the oil filter 
cooler. When comparing net heat transfer to the oil between the two cases, of the 
original 780KJ of extra energy transferred to the oil from the piston cooling jets, 
only 260KJ appears in the net value. A full break down of the changes to net heat 
transfer to the oil from the structure can be seen in Figure 5.21. The majority of 
the effects that prevent the piston cooling jets having as much impact as they 
could on the oil temperature are the reduction in heat transfer due to warmer oil in 
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the galleries during PCJ operation, reduced heat transfer from the coolant in the 
oil cooler, the increased heat loss in the oil mist. 
The mitigating effects of the other heat transfer pathways on the addition of a heat 
source in the piston cooling jets would be applicable if other heat sources were 
used. Minimising the increases in heat loss in the mist or through the sump by 
insulating these areas would not only reduce the dampening effect on the 
introduction of external power, but also be beneficial in and of themselves. The 
SUREOHP RI DGGHG SRZHU EHLQJ ³ZDVWHG´ WKURXJK UHGXFHG KHDW WUDQVIHU LQ WKH
galleries however is more difficult to solve. The gallery heat transfer is beneficial 
when considered alone, and so insulating the oil from these locations would have 
a negative effect on the warm up rate. Energy added directly at the feeds to the 
rubbing surfaces would have the greatest impact, as the balancing effects of the 
rest of the oil circuit would not have an effect on the temperature before friction 
benefits could be realised. If a method of providing an external power supply to 
provide heating of the oil is to be best utilised, these observations should be 
useful. 
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Figure 5.21 The predicted changes in heat transfer between the oil and the engine 
structure when using piston cooling jets.  
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This work has focussed on the lower loop of the oil circuit, i.e. the flow through 
the main gallery and around the bearings and piston cooling jets. The head circuit 
representation remains unmodified from previous iterations of the model. The 
flow around the cylinder head remains poorly understood, as does the nature of 
the flow returning to the head. This area of the engine provides a significant heat 
source to the oil. Results from experiments on increasing the flow rate to the 
cylinder head in [104] showed a temperature increase of 10°C in the main gallery 
when flow rate to the cylinder head was doubled, and predicted a 2°C increase if 
this measure was implemented over a single urban section of the NEDC. 
Improvements to the oil circuit model in PROMETS have made the predictions of 
changes to engine thermal state stronger due to better representation of the 
thermal connections present within the engine. This is important when 
considering thermal management of an engine, as in many cases the heat transfer 
between fluids and the structure can act to reduce the benefit that might be 
expected when energy is added to the oil.   
The influence of the turbocharger on oil temperature has been neglected in the 
current work. This is an area in which the oil circuit could be improved in the 
future. Based on the size of the restriction at the oil feed to the turbocharger, the 
oil flow rate can be assumed to be relatively small. However, it is expected that 
the large temperature difference between the oil and the turbocharger may cause a 
reasonably significant amount of heat to be driven to the oil here.  
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Chapter 6. Assessing engine performance over 
the NEDC 
 
6.1 Introduction 
Having made improvements to the oil and friction model as described in previous 
chapters, the focus in this chapter will be on the behavior of the engine under 
NEDC and aNEDC running conditions. The way in which the model calculated 
pumping losses will be revised for more accurate prediction during the drive 
cycle. Other modifications to the model to improve the predictions for these 
running conditions will also be presented. Apart from friction and brake work, the 
pumping loss of the engine is the other main contributing factor to engine fuel 
consumption, and so the method of predicting these has been examined and 
modified for NEDC conditions. The indicated thermal efficiency of the engine has 
also been determined experimentally in order to improve the accuracy of the fuel 
consumption calculations. In order to identify the area of targetable savings, the 
way in which the VIPER engine uses fuel throughout the aNEDC has been 
described, and ways in which thermal management and reductions in parasitic 
losses can be used to improve fuel economy are discussed.  
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6.2 Pumping losses 
Pumping work is defined as the work transfer between the piston and the cylinder 
gases during the inlet and exhaust strokes. It can generally be further divided into 
two parts: throttling work and valve flow work [16]. The throttling work is the 
work required to draw the cylinder charge through the air paths upstream of the 
intake valves, and downstream of the exhaust ports. This includes components 
such as the throttle, air filter, turbocharger, intake manifold, exhaust manifold and 
after treatment systems. The valve flow work is that attributed to flow through the 
intake and exhaust valves and ports. SI engines will typically experience high 
pumping losses at low engine load, as heavy throttling increases the amount of 
work required to bring air into the cylinder, with work reducing as the load is 
increased and the throttle opened.  Conversely, the valve flow work is higher with 
increased engine load.  
In the course of the project, it was decided to develop a simple empirical solution 
to provide PMEP values for NEDC running conditions. Previous versions of the 
spark ignitions PROMETS model have, to date, only modelled naturally aspirated 
engines when evaluating PMEP. Having a turbocharger in the air path will alter 
the pumping losses across the engine; whilst the turbocharger is providing a high 
pressure charge, pumping losses will be low, and vice versa. This will alter the 
fuelling requirement of the engine, and so should be taken account of in the 
PROMETS fuel consumption model.  Turbocharger models developed for the 
compression ignition version [64] [91]are unsuitable due to the lack of a throttle 
in these engines.  
Having a turbocharger present in the air path will alter the pumping losses across 
the engine, as the work required to move gases in and out of the cylinder will 
depend on the mode of operation of the turbocharger. Whilst the turbocharger is 
providing a high pressure charge, pumping losses will be low, and vice versa. This 
will alter the fuelling requirement of the engine, and so should be taken account of 
in the PROMETS fuel consumption model.   
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With the main emphasis of this project being on the thermal state, and fuel 
consumption of the engine, the decision has been made to focus on the effects on 
pumping losses of the turbocharger, as opposed to modelling the turbocharger 
physically, and to this end, a simple relationship linking the mass flow rate of air 
into the engine to the pressure drop across the engine intake has been sought. The 
following assumption has been made to approximate the pressure drop across the 
engine: 
௘ܲ௫ െ ௠ܲ௔௡ ൌ  ? ௘ܲ௡௚ 
 
(6.1) 
Here, ௔ܲ௠௕ is the ambient pressure in the laboratory, ௠ܲ௔௡ is the pressure in the 
intake manifold of the engine, which is measured after the throttle and the 
compressor, and ௘ܲ௫ is the pressure in the exhaust manifold, measured before the 
turbine and after-treatment. 
By evaluating the pumping losses in this manner, the complex interactions 
between the compressor and throttle, and waste-gate and turbine can be 
simplified, with their effects expressed as a function of the pressures observed in 
the inlet and exhaust manifold. The evaluation of the pressure drops over these 
components would have been difficult to evaluate given their complexity, and is 
not in the scope of this project. 
To evaluate the intake manifold pressure from known temperatures and densities, 
the ideal gas law for mass flow rate was used, where:  ሶ݉ݒ ൌ ߩ ൌ ܴܲܶ  (6.2) 
Rearranging for P then gives: 
 
 
ܲ ൌ ߩܴܶ 
 
(6.3) 
 
 
 
  
127 
 
The density of the intake air can be expressed as: 
 
 ߩ ൌ ௠ሶ௏ೞభಿమబఎೡ 
 
(6.4) 
The volumetric efficiency, ߟ௩ has been estimated from experimental data, and a 
fixed value of 75% has been used in the calculation. The resulting calculated 
values of inlet manifold pressure pressures over an aNEDC cycle can be seen 
below in Figure 6.1, and show good agreement with experimental values.  
The pressure in the exhaust manifold was seen to be well correlated to the mass 
flow rate of air and fuel. The quadratic 6.5 correlated well for the exhaust 
manifold. 
௘ܲ௫ ൌ  ? ? ?ሺ ሶ݉ ௔௜௥ ൅ ሶ݉ ௙௨௘௟ሻଶ ൅  ?Ǥ ? ?ሺ ሶ݉ ௔௜௥ ൅ ሶ݉ ௙௨௘௟ሻ+1.1325 
 
(6.5) 
Results from this relationship can be seen in Figures 6.2 and 6.3.  
The experimental PMEP has been calculated by integrating the pumping loop of 
the Pressure Volume diagram which is obtained from in-cylinder pressure 
transducers. By approximating the PMEP as a simple function of Pex-Pin, the 
Figure 6.1 Inlet manifold pressure calculated with assumed volumetric efficiency 
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assumption is made that the pumping loop forms a perfect rectangle. In reality, 
this is not the case, and a further correction has been made in the form of a 
correlation with relation to inlet pressure: 
ܲܯܧܲ ൌ  ?Ǥ ?ሺ ௘ܲ௫ െ ௠ܲ௔௡ሻ ൅  ?Ǥ ? ?ܲ ௔௠௕௠ܲ௔௡ ൅  ?Ǥ ? 
 
(6.6) 
Final predicted results are shown in Figure 6.4. The model shows good agreement 
for a simple model that attempts to predict the results of a complex series of 
interactions. This approach has been taken to improve the accuracy of fuel 
consumption predictions, and was done in the absence of turbocharger maps that 
often form the foundation of PMEP prediction in turbocharged engines. The 
model is however, quite specific to the NEDC, and has less success predicting 
PMEP values when running at other conditions, especially at higher speeds and 
loads, given that the NEDC is a mainly low load. At higher load conditions, the 
effects of the turbocharger become more apparent; the intake manifold pressure is 
boosted over ambient and the waste gate on the compressor will influence exhaust 
manifold pressure. These interactions are complex, and without further 
information about the behaviour of the turbocharger, would be time consuming 
and difficult to evaluate. The need for further work to describe the influence of the 
turbocharger would revolve around a physics based model combined with 
turbocharger speed maps. 
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Figure 6.2 The relationship between exhaust mass flow rate and pressure  
Figure 6.3 NEDC exhaust pressure as calculated using Equation 6.5 
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6.3 Fuel consumption 
Fuel consumption has been evaluated over the aNEDC. Initial predictions of fuel 
economy in the PROMETS model were low compared to experimental 
measurements. Indicated thermal efficiency was examined for the VIPER engine. 
Gross indicated thermal efficiency is a ratio of the amount of work produced to 
the amount of energy supplied as fuel, and is calculated as: 
ߟ௜ǡ௚ ൌ ௜ܲǡ௚ሶ݉ ௙ܳ௅ு௏ߟ௖ 
 
 
(6.7) 
Previous versions of the SI model assumed an indicated thermal efficiency of 
43%, which is more representative of diesel engines [64]. This is significantly 
higher than the values show in table 6.1 for a range of speeds and loads, which 
peaked at values around 36%. These values are still higher than reported gross 
thermal efficiencies for SI engine of compression ratios of around 10. [105] The 
lower heating value ܳ௅ு௏ of gasoline is taken as being 44MJ/kg. The combustion 
efficiency ߟ௖ is a description of how completely the fuel supplied to the engine is 
burned. For gasoline engines running lean or stoichiometric combustion 
strategies, i.e ߶, ߟ௖ is typically 0.98. This falls if the engine runs rich and the 
equivalence ratio exceed 1, where the combustion efficiency will fall according to 
Equation 3.38.  
aNEDC data for thermal efficiency is shown in Figure 6.6. For aNEDC test, a 
value of 0.3 was chosen as representative for prediction of fuel flow rate based on 
the experimental residency time around this value. With the thermal efficiency of 
the engine lowered to match experimental results, fuelling predictions agreement 
with measured values increased. Instantaneous fuel flow rate during the aNEDC is 
shown in Figure 6.7. Total cumulative fuel used by the engine on the test bed was 
0.75kg for the aNEDC, against a simulated value of 0.72kg.  
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Table 6.1 Experimental gross indicated thermal efficiency changes with speed and 
load. 
Engine Speed 
(RPM) 
Engine Load (Nm) 
  
  0 8 21 30 45 60 90 150 250 
700 20  -  -  -  -  -  -  -  - 
1000  -  -  - 29.3  - 29.8 32 29.9  - 
1130  -  - 28  -  -  -  -  -  - 
1200  -  -  -  -  -  -  - 32.5  - 
1500  -  -  - 32  - 32 34.6 32.6  - 
1800  - 30.5  - 32.4 31.7 33.8 34.8  - 32.9 
2000  -  -  - 32.9  - 34.4 35.2  -  - 
2500  -  -  -  -  -  - 35.4  -  - 
3000  -  -  -  -  -  - 35.6  -  - 
3500  -  -  -  -  -  - 36.4  -  - 
4000  -  -  -  -  -  - 36.1  -  - 
4500  -  -  -  -  -  - 36.5  -  - 
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Figure 6.6 Indicated thermal efficiency of the VIPER engine through an aNEDC 
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6.3.2 The cold start fuel consumption penalty 
To evaluate the maximum potential savings that could be realised through thermal 
manipulation of the engine, comparisons between the fuel consumptions of 
aNEDC tests starting at ambient temperatures, and when fully warm were made. 
By starting at a fully warm condition, the penalty to friction from high viscosity in 
the fluid films is reduced to the lowest level experienced during running, making 
this the best case fuel consumption. Total fuel used when the cycle was performed 
under fully warm conditions was 0.69kg, which represents a 4.4% reduction in 
fuel used compared to the result of 0.72kg for an ambient temperature start. 
Instantaneous fuel consumption for the hot and cold start tests is shown in Figure 
6.8. The corresponding friction predictions are given in Figure 6.9. This is 
significantly lower than the penalty assigned to ambient start cycles reported 
elsewhere in the literature [45] [60], and this can be attributed to both the larger 
displacement of the engines used in these studies, and the fact that the effects of 
pre-heating both the gearbox and the transmission oil was included. Additionally, 
no mention of the lubricant grade used for the test was made. A lubricant with a 
wider range of viscosity, for example a 0W40 rated oil, would cause a greater 
change in engine friction when comparing cold and hot start fuel consumption. 
The ideal lubricant would have a low and flat temperature viscosity profile, and 
this would experience no change in friction between hot and cold start outside of 
the effects of clearance. This would eliminate the requirement for improved 
thermal management from a fuel consumption point of view. With the trend 
towards downsizing, the maximum savings targetable by thermal management 
ZLOO IDOO DV WKH SURSRUWLRQ RI WKH HQJLQH¶V SRZHU WKDW LV GLVVLSDWHG LQ IULFWLRQ
relative to the brake output is reduced. This would lessen any efficiency gains due 
to improved thermal management with the intention to reduce friction in smaller 
engines.  
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Figure 6.9 The predicted friction penalty incurred due to cold start running 
during the aNEDC 
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6.3.3 Fuel energy utilisation 
An audit of how fuel supplied to the engine is used during the aNEDC cycle was 
conducted in PROMETS.  
By subtracting the total brake, friction and pumping work from the total fuel 
energy input to the engine, a value for inefficiencies, or the energy lost in the 
structure, coolant and exhaust was found. The predicted balances of fuel usage as 
well as the experimental equivalent are given in Figures 6.10a and 6.10b. The 
amount of fuel energy used to overcome friction throughout the cycle was also 
calculated and is shown in Figure 6.11. While the instantaneous percentages 
would suggest that friction accounts for significantly more fuel than the 4% 
shown in Figure 6.10a, it should be noted that the engine consumes more fuel in 
the final 400 seconds in the extra urban portion, using 0.41kg of fuel, than in the 
first 780 seconds of the urban cycles, in which 0.32kg of fuel is used. 
 
 
 
 
71% 
4% 
21% 
5% 
NEDC Fuel Utilisation (%) 
PROMETS 
 Inefficiencies
Friction Work
Brake Work
Pumping Work
71% 
3% 
23% 
3% 
NEDC Fuel Utilisation (%) 
Experimental 
 Inefficiencies
Friction Work
Brake Work
Pumping Work
Figure 6.10a and 6.10b Fuel usage over the aNEDC. The inefficiencies area 
accounts for the energy lost to the exhaust or transferred to the fluids or the 
structure. 
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As can be seen in Figures 6.8 and 6.9, large reductions in friction work translate to 
relatively small reduction in fuel consumption. Because thermal and combustion 
efficiencies must be taken account of when converting the fuel power supplied to 
the engine to the gross engine power, any reduction in friction does not translate 
to a fuel saving on a like for like basis. The amount of friction work that would be 
required to be saved in order to make a 1% saving in fuel used throughout the 
cycle was examined. 
The engine energy balance is given as: ݉௙௨௘௟ܳ௅ு௏ߟ௖ߟ௧௛ ൌ ௙ܹ ൅ ௕ܹ ൅ ௣ܹ 
 
(6.8) 
If the efficiencies on the left hand side, and the pumping and brake work on the 
right hand side are assumed to be constant, then the result is: ݉௙௨௘௟ݔ ൌ ௙ܹ ൅ ݕ 
 
(6.9) 
To calculate a percentage change in the mass of fuel:  
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Figure 6.11 Instantaneous prediction of the fuel required to overcome engine 
friction 
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݉௙௨௘௟ଵ െ ݉௙௨௘௟ଶ݉௙௨௘௟ଵ ൌ  ?ݔ ቀ൫ ௙ܹଵ ൅ ݕ൯ െ ሺ ௙ܹଶ ൅ ݕሻቁ ?ݔ ௙ܹଵ ൅ ݕ  
 
(6.10) 
Which simplifies to: ݉௙௨௘௟ଵ െ ݉௙ଶ݉௙௨௘௟ଵ ൌ ௙ܹଵ௙ܹଵ ൅ ݕ െ ௙ܹଶ௙ܹଵ ൅ ݕ (6.11) 
So for a 1% reduction in fuel used over the NEDC:  ?Ǥ ? ?൫ ௙ܹଵ ൅ ݕ൯ ൌ  ? ௙ܹ 
 
(6.12) 
Using the predicted friction, brake and pumping work, this value was calculated at 
96KJ, or 7% of the total friction work over the aNEDC cycle, run with the VIPER 
engine. Due to the nature of the increase in friction and the rate at which the oil 
rises to the fully warm value, this reduction in friction must be made in the first 
800 seconds of the aNEDC. 
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6.4 Reducing fuel consumption over the aNEDC 
Several methods of reducing fuel consumption over the aNEDC will be 
considered in this section, and their potential will be considered using PROMETS. 
6.4.1 Stop-start 
Stop start is a technology widely adopted in Europe, and is beginning to penetrate 
US markets. The systems typically work by monitoring vehicle speed and gear 
[106]. Once the vehicle stops and is placed in neutral, the ECU will check that 
there is sufficient charge in the battery to allow a restart before waiting a specified 
length of time and turning the engine off. When the clutch is re ±engaged and the 
brake pedal is released, a strengthened starter motor is used to rapidly re-start the 
engine so the driver can accelerate away. Benefits of these micro-hybrid systems 
are reported to be between 3-10% reduction in fuel consumption [107]. 
To examine the effects of a stop start system on the fuel consumption of the 
VIPER engine, the aNEDC operating conditions were modified to include engine 
off sections. A total of 12 stops, of 15 second duration were inserted into the 
aNEDC in positions where the vehicle would be stationary. The modified engine 
speed and load traces are shown in Figures 6.12 and 6.13.  
0
500
1000
1500
2000
2500
0 200 400 600 800 1000
E
n
g
in
e
 S
p
e
e
d
 (
R
P
M
) 
Time (s) 
Figure 6.12 Engine Speed profile for Stop-Start simulations 
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A reduction in fuel consumption of 5% over the aNEDC was predicted when the 
stop start speed and load profiles were run in place of the standard ones. The 
instantaneous fuel consumption predictions for both cases are shown in Figure 
6.14. Figure 6.15 shows the predicted changes in work when running the stop start 
aNEDC. The majority of savings come from reductions in brake work. The 
standard aNEDC speed and load profiles were defined using data collecting from 
in vehicle testing, and contains idle periods in which there is a load of 30Nm on 
the engine, as shown in Figure 4.18. This loaded idle is required to run a 
combination of the automatic gearbox and the FEAD. By eliminating this during 
the stop periods, a large reduction in cumulative brake work is seen. This effect 
would be diminished in a manual vehicle, as there would be no brake work during 
idle periods. Additionally, the elimination of this loaded idle period may impact 
the ability of the vehicle to support heavy electrical loads such as the air 
conditioning. This calculated saving does not take into account the increase in fuel 
that would be required to recharge the battery after re-starting the engine. The 
alternator efficiency, which is around 50% at medium engine speeds [108], 
thermal efficiency and combustion efficiency must all be accounted for when 
considering this.  
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Figure 6.13 Engine Load profile for Stop-Start simulations 
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The next greatest saving is seen in the pumping work. Pumping losses at idle are 
high in gasoline engines, due to the restriction on airflow imposed by the throttle 
being closed.  
Overall, the friction savings for running a stop-start cycle are more modest. At 
idle speeds friction is already low, which limits the maximum savings from this 
source. The benefit is eroded however due to the reduced rate of warm up caused 
by the decrease in fuel energy available to heat the coolant and lubricants. This 
translates to frictional dissipation that is marginally higher when the engine is 
running when compared to the standard cycle. The effect of the reduced fuel 
energy on the bulk oil temperature can be seen in Figure 6.16, which shows the 
temperature penalty incurred due to the engine not running in the first 600 
seconds of the test.  
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Figure 6.15 The changes to the energy usage of the engine when running the 
stop-start cycle 
Figure 6.16 The predicted bulk oil temperature penalty due to running the Stop 
Start Drive cycle  
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6.4.2 Heat exchange devices 
One method to improve the rate of oil warm up and thus reduce the friction 
penalty incurred during cold running has been to couple the oil to a heat source 
though a heat exchanger. The two most readily available fluids in an engine are 
the coolant and the exhaust gases. Most modern engines will have one such device 
present as standard in the form of the oil cooler.  
The oil cooler fitted to the viper engine is described in Section 5.5 and the heat 
transfer rate across it given in Equation 5.15 
The current oil cooler as fitted to the VIPER engine was found to have an 
effectiveness of around 20% when analysed using the Number of Transfer Units 
method of dividing the actual heat transfer achieved by the cooler, by the 
maximum possible heat transfer. To assess the suitability of the coolant as a 
source of heat for the oil, the effect on engine friction and fuel economy over the 
NEDC by increasing the effectiveness of the oil cooler has been examined. 
Increasing the effectiveness of the oil cooler to 100% will give the best case heat 
transfer between the fluids, and show the maximum temperature gain that can be 
realised in the oil through better coupling with the coolant. 
The sensitivity of the model predictions to oil cooler effectiveness is shown in 
Figure 6.17. Increasing the effectiveness has improved the heat transfer between 
the two fluids as they pass through the heat exchanger, bringing the temperatures 
of the fluids closer together. The oil experiences a greater change in temperature 
than the coolant does, due to the lower specific heat capacity of the oil.  
The instantaneous fuel consumption of the tests for 20 and 100% effectiveness is 
shown in Figure 6.18. The change in friction levels for the Valvetrain, Crankshaft, 
Piston and Connecting Rods are shown in Figure 6.19.  
While the overall level of engine friction has been marginally reduced by 
improving the effectiveness, it can be seen that the piston friction actually 
increases due to the decrease in coolant temperature influencing the temperature 
of the cylinder liner. This is offset by the reduction in friction from the bearings in 
the crankshaft and connecting rods, because the rise in oil temperature is greater 
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than the fall in coolant temperature. Additionally, the equations governing the 
bearing friction are more sensitive to operating temperature than those describing 
the piston friction. Another reason that the reduction in friction is not larger can 
be attributed to the fact that the rubbing surfaces will not experience the full rise 
in oil temperature, as much of the energy will be lost to the engine structure as it 
is transported to the rubbing surfaces.  
The reduction in fuel consumption described above is for a case where the oil 
cooler has an effectiveness of 100%, which would not be attainable in reality. In 
addition to this, the reduction in fuel consumption over the NEDC is predicted as 
being around 0.3% which although being fairly significant in the scope of the 
project, would be difficult to demonstrate with confidence experimentally. This 
exercise highlights two main points: that the benefit to friction levels of raising 
the bulk oil temperature will outweigh the penalties associated with the reduction 
in coolant temperature, and that the coolant does not have a sufficiently large 
amount of available energy which can be usefully transferred to the oil during 
warm-up for the VIPER engine. 
Figure 6.17. Effect on oil and coolant warm up rates of increasing the oil 
cooler effectiveness 
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Figure 6.19. Predicted reduction in component friction during the NEDC 
cycle by increasing oil cooler effectiveness  
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Figure 6.18. Predicted 0.3% reduction in fuel consumption as a results of 
increasing oil cooler effectiveness  
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6.4.3 Reduction of parasitic losses  
In Section 4.2.4, the power consumption of the fuel, oil and coolant pumps was 
examined. The fuel consumption penalty with driving each of these pumps is 
given in Table 6.1. 
Table 6.1 Fuel Consumed by the ancillary pumps over the aNEDC 
Pump Fuel Used (g) % of Total Fuel used 
Coolant 8.8 1.2 
Oil 21 2.9 
Fuel 4.3 0.6 
 
Pump electrification is an area of growing interest. Electrically driven variable 
flow (VF) rate pumps are more flexible in the types strategy that can be applied. 
VF oil pumps would allow for the lubricating demand of the engine to be matched 
avoiding wasted power. VF cooling pumps would allow for the warm up strategy 
of the engine to be optimised.  
Experiments by Bent [41] showed increases in mid stroke liner temperature of up 
to 10°C during fixed speed running conditions due to stalled coolant flow. This is 
a result of decreased heat transfer coefficients between the coolant and the 
structure.  
If the electric pumps are powered by the alternator, then alternator efficiency must 
be accounted for when evaluating fuel savings, and the power is still ultimately 
sourced from the crankshaft. The use of wasted exhaust energy to provide power 
to the pumps however would remove the load from the crankshaft entirely.  
As much as 30% of the fuel energy used in the engine is wasted in the exhaust 
[109], and power recovered from this is essentially free if potential adverse effects 
on catalyst performance are discounted. Thermo-electric generators (TEGs) are 
devices which can be fitted in the exhaust path of an engine that utilise Seebeck 
devices to generate electricity from the delta between the temperature in the 
exhaust gases, and that of a coolant. When the junctions between the 
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thermoelectric materials are kept at different temperatures, an electrical force will 
be produced which is governed by the following equation [110]: ܸ ൌ ܽሺ ௛ܶ െ ௖ܶሻ 
 
(6.13) 
In this ௛ܶ and ௖ܶare the hot and cold side temperatures respectively. ܽ is the 
difference between the Seebeck coefficients between the leg materials which is 
given for each as: 
ܵ ൌ െ  ?ܸ ?ܶ 
 
(6.14) 
The Seebeck coefficient describes the voltage generated with a given temperature 
difference over a material.  
A common thermoelectric material used in TEGs is Bismuth Telluride (Bi2Te3) 
[111]. This material operated best at hot side temperatures lower than 250°C. A 
prototype device using such TEG modules has been developed as part of the 
VIPER project by a member supporting the consortium, and has been tested 
during the aNEDC at the University of Nottingham. The device was fitted pre-
catalyst in the engines exhaust path and electrical generation was measured. These 
values were taken, and the potential impact on fuel economy if this was used to 
drive the ancillary pumps was assessed using PROMETS. Measured TEG power 
output is given in Figure 6.20. 
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In the first 800 seconds of the test, during the urban drive cycle conditions, the 
TEG unit consumed more power with its onboard electronics that it generated. 
This has been neglected for the current studies. The only useful energy was 
generated during the extra urban part of the cycle, and even then, the peak power 
output is less than a third of the water pump power consumption at this part of the 
cycle. This power generated is insufficient to account for the additional pumps 
required to provide coolant to the system. This data is from a very early proof of 
concept design used to identify the effect of features and problems with 
construction. More details of the TEG design are confidential at present but it is 
clear that the current iteration is yet to reach the potential levels of performance 
promised by the theoretical ideal. Predicted fuel consumption benefits were 
minimal using this prototype, with a 0.04% saving in fuel when only considering 
the power generated. 
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Figure 6.20. Measured TEG power output  
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6.4.4 Supplementary oil heating 
To predict the possible thermal gains from recovered energy if it was applied to 
heat the oil, a sensitivity study on fuel consumption to supplementary oil heating 
was carried out. Results from this for heat input of up to 1500W to the sump are 
shown in Figure 6.21. The effect on the sump oil temperature is shown in Figure 
6.22. Results from the simulations show relatively modest gains in fuel economy 
to quite significant power inputs to the oil. To put the magnitude of the savings 
into perspective, in order to gain a fuel consumption benefit of just under 1% 
during the cycle, a heat input of 1KW is required to the sump oil. This would be 
more than sufficient to drive the ancillary pumps throughout most of the cycle, 
which account for a combined fuel penalty of 31g. This would translate to a 
saving of 4.7% in fuel consumption. Interestingly, it can be seen in Figure 6.23 
that the proportion of the original heat input to the oil that is retained in the sump 
remains very similar for each of the supplementary heating values. The response 
of engine FMEP is shown in Figure 6.24.  
The biggest heat sink for the oil in the model is the heat transfer between the oil 
mist and crankcase structure around the bottom end of the engine. The metal in 
the crankshaft, the bearing support plates and the crankcase walls lag the oil in 
warm-up throughout the whole cycle. The power lost from the oil in this manner 
is shown in Figure 6.25. The red line in Figure 6.21 shows the effect on fuel 
consumption if this mist was decoupled from the crankcase either through the use 
of baffles to collect and direct oil to the sump, or through an insulating surface 
finish on the crankcase and crankshaft. By insulating here, the amount of 
additional power supplied to the oil in order to gain a 1% reduction in fuel 
consumption would be reduced to around 350W. Decoupling the oil mist also 
increases the proportion of the additional power that is retained in the oil.  
Investigations into the most advantageous distribution by Janowski [6] on full 
powertrains showed that when less heat is available, using it to heat the oil in the 
differential was most beneficial. As more heat became available, the advantages 
of warming engine oil became more apparent. This was due to the increased 
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thermal inertia of the engine requiring a larger heat input before meaningful 
temperature gains were seen.   
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Figure 6.21 The relationship between additional heating of the oil and the 
fuel consumption benefit.   
Figure 6.22 The effect of additional heating on sump oil temperature   
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Figure 6.23 The proportion of additional energy retained in the oil   
Figure 6.24 The effect of heating the oil on engine FMEP.   
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crankcase mist during the aNEDC  
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6.5 Discussion 
In this chapter, the performance of the engine has been examined, with a 
particular focus on the fuel economy of the engine and the factors affecting it, 
using PROMETS to expand on and complement experimental results  
A simple model for calculating the PMEP of the VIPER engine has been created 
based on the ideal gas law for the intake manifold pressure, and a quadratic built 
around exhaust mass flow rate for the exhaust manifold. Results show reasonable 
prediction of manifold pressures and PMEP over the aNEDC compared to 
measured values. This solution fulfils the requirements of the current work, in 
which the emphasis is on the thermal management and fuel consumption of the 
engine over the aNEDC. Over higher load running conditions, where the 
turbocharger has a larger influence on intake manifold pressure, the relationships 
do not hold. Further information on the operation of the turbocharger, and the 
interaction between the turbocharger and the throttle would be required to create a 
more robust model.  
Gross indicated thermal efficiency data was gathered experimentally over a range 
of operating conditions in order to improve the model¶s fuel consumption 
predictions. Results showed the value previously used in the PROMETS model 
was higher than it should have been, leading to under-predicted fuel consumption. 
A value of 30% was used as a more representative value of the aNEDC. This 
brought fuel consumption calculations in line with experimental data and 
strengthened the confidence in the models predictions.  
The maximum possible saving over the aNEDC as a results of thermal effects was 
calculated by comparing the fuel consumption of the engine when the cycle was 
run from cold and fully warm starts with a saving of 4.5% seen. This is not 
realistically achievable in practice but it illustrates the magnitude of the targetable 
fuel consumption. When considering the use of power generated by energy 
recovery devices however, it highlights the fact that the power would be better put 
to use in reducing the ancillary load on the engine. If the parasitic losses on the 
crankshaft could be eliminated entirely, it is predicted that fuel consumption could 
be reduced by as much as 4.7%. This would be compounded by any fuel 
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consumption benefits of using electrically driven variable flow pumps to optimise 
engine warm-up.  
This relies however on the presence of such an energy recovery device that is able 
to produce power that peaks at nearly 1kW at the part of the cycle in which there 
is not a large amount of energy in the exhaust. The TEG unit available at this time 
is not fit for this, with a peak power output of around 40W in the most energetic 
part of the cycle. Reports of other TEG devices show power generation of up to 
700W on a test bed, and peak power of 250W in the US06 cycle [112]. This cycle 
is an aggressive cycle with periods of high acceleration and sustained cruising 
over 60mph [113] making it suitable to best showcase the capabilities of a TEG, 
as high exhaust energy is required for best operation.  
The relationship between fuel consumption over the cycle and friction power for 
the VIPER engine has been characterised, showing that for every 1% of fuel 
consumption reduction, friction must be reduced by 7%. This has been shown to 
require a heat input to the oil of over 1kW if this effect is to be achieved 
thermally.  
Sensitivity studies on oil cooler assembly effectiveness has shown that the coolant 
is not a suitable source of heat for the oil unless the coolant is able to pick up 
energy elsewhere. Despite raising effectiveness of the oil cooler to 100%, the 
enthalpy difference between the fluids is not great enough for a meaningful 
increase in oil temperature to be realised through greater thermal coupling. 
Examination of friction model results has highlighted the fact that if there is an 
option for greater coupling that any increase in friction due to reduced mid-stroke 
liner temperatures will be offset by the reductions in friction at the oil temperature 
critical rubbing surfaces. Work done by Andrews et al. [114] showed that by 
increasing the energy in the coolant through use of an exhaust-coolant heat 
exchanger, that the oil temperature was able to be raised significantly using an oil-
coolant heat exchanger.  
  
  
155 
 
Chapter 7. Discussion and conclusions 
 
The work underpinning the studies reported has updated and improved the 
PROMETS model for application to the latest generation of modern spark ignition 
engine. Upgrades have been carried out on the friction and oil sub-models to 
introduce a better description of friction-thermal interactions within the engine, to 
increase the models sensitivity to changes to the engines thermal state. The 
friction model has been altered from the previous form, where a bulk oil 
temperature correction was applied to account for increased friction during warm 
up, to a model in which each friction contribution is corrected using local oil 
temperatures. The empirical constants for each of the friction equations have been 
reevaluated against a combination of teardown data and fully warm complete 
engine friction measurements. The oil circuit has been upgraded with additions of 
an iterative model to predict the energy flows within the main bearings, and a 
piston cooling jet representation. 
In Chapter 4, the use of a friction model corrected with oil viscosity evaluated at 
temperatures local to the rubbing surfaces is described. Earlier versions of the 
model included a friction model that was based on a bulk oil temperature value to 
evaluate viscosity at each of the rubbing surfaces. This method proved to be 
adequate for predicting total engine friction, but lacked any description of how the 
temperature of the oil at the individual rubbing surfaces would affect engine 
friction. The improved model now uses the temperature of the mid-stroke cylinder 
liner, the bearing film and the valvetrain structure to evaluate oil viscosity. Results 
for both fixed speed and transient operating conditions show good agreement 
between experimental and predicted results.  
The model allows for the effect of thermal manipulation to be predicted in more 
detail, with the effects on individual components being easily examinable. The 
coolant plunge test in particular, has highlighted the quick response of the engine 
friction to changes in coolant temperature and predictions showed this to be due to 
friction at the piston-liner interface. The dependence of piston friction on the 
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temperature of the liner has important implications when considering thermal 
management. The use of partial insulation of the back of the cylinder liner from 
the coolant could be used to raise the temperature of the structure and reduce 
piston friction. Previous treatment of the friction would have over-predicted the 
effect on fuel consumption of gains in oil temperature.  
Comparison to a limited set of teardown data has allowed for updates in the 
friction constants for a more modern engine. In particular, this has highlighted the 
fact that since the initial implementation of the model, improvements to engine 
design have led to a greatly reduced level of friction in the valvetrain and the 
constants have been reduced by 50% to reflect this. Factors that affect valvetrain 
friction include surface finish of the rubbing components, the spring loading, and 
the reciprocating mass of the valves and followers, although it is unclear as to 
which, if any of these are responsible for the reduction in friction. 
While assumptions on the thermal conditions of the oil film on the liner have been 
supported experimentally, and the main bearing films have been modelled 
explicitly, there still remains doubt about the condition of the oil in the valvetrain. 
The oil flow here is poorly understood, and the assumption that the oil will follow 
the port metal temperatures here remains a weakness in the friction model. 
An older generation of engine design, the Ford CVH engine was used as the 
starting point for the oil circuit in earlier versions of the PROMETS model. The 
oil circuit representation in PROMETS has now been revised in several key areas 
to better reflect current understanding of the lubrication system and this is 
described in Chapter 5. Predictions of flow rates through piston cooling jets and 
main bearings have shown that of the oil flow retained in the engine block, 
between 70 and 90% of the oil will flow through the piston cooling jets, making 
the temperature predictions for oil returning to the sump highly dependent on the 
accuracy of heat transfer calculations at the back of the piston. To this end, a 
model to predict the heat transfer coefficient between a jet of oil impinging on the 
back of the piston was added. The piston cooling jets now provide the largest 
single source of heat for the oil and redistribute heat away from the structure, but 
cause increased heat transfer from the oil to the structure in the crankcase mist. 
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These interactions show that the thermal state of the oil cannot be considered 
independently of the structure. Insulation of the oil mist from the crankcase as a 
method of decoupling the oil from the structure would increase the amount of heat 
that is retained in the oil. 
An iterative model to calculate bearing oil temperature and friction has been 
included, which better represents the thermal/friction interaction in the bearing. 
Oil film warm up has been shown to be initially dependant on the frictional 
dissipation from within the bearing, but to be dependent on the surrounding 
structure temperature during longer running. The oil filter cooler assembly from 
the VIPER engine has been characterised, and the heat transfer model of the filter 
cooler has been adjusted to match. The current filter cooler is around half as 
effective at transferring heat between the oil and the coolant as was previously 
assumed in the model, with NTU analysis suggesting around 20% effectiveness. 
Strengthening the coupling between coolant and oil by increasing this 
effectiveness would have limited beneficial effects on engine friction. Increasing 
the effectiveness of the filter cooler to simulate perfect coupling showed fuel 
economy benefits of less than 0.5% over the aNEDC. 
Comparisons between hot and cold start aNEDC, an approximation to the NEDC 
showed the maximum reduction in fuel consumption that can be achieved 
thermally, a figure that was predicted at 4.5%, and shown experimentally to be 
5.4%. This gives an indication of the size of the fuel consumption reduction that 
can be pursued by improved thermal management. The VIPER engine exhibits 
low levels of friction when compared to other gasoline engines of the same 
displacement. If the friction were higher, then this saving would be greater. The 
NEDC is defined with a start temperature between 20 and 30°C, however in the 
case of real world driving in northern Europe, starting temperatures of 10°C are 
more likely, with sub-zero conditions common in the Nordic counties. With these 
colder starts, the benefits of thermal management would be more pronounced, and 
this highlights the limitations of using the NEDC for selection of fuel 
consumption strategies. The converse effect is expected with current industry 
trends towards engine downsizing. In smaller engines of a comparable brake 
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power the friction losses will be a smaller proportion of the indicated power, 
meaning that thermal management techniques would have a smaller targetable 
fuel penalty. Adoption of a longer, more aggressive standard cycle such as 
ARTEMIS would also lead to reduced importance of thermal management when 
considering fuel consumption. Of the 1189 seconds of the NEDC, the oil is below 
the fully warm state for practically the whole cycle; around 1100 seconds, 
emphasizing the effects of high friction due to sub-optimal temperatures. The 
ARTEMIS cycle last for 3143 [13] seconds so that if warm up rates were 
identical, the engine would only be operating at a fuel consumption penalty for 
approximately a third of the cycle.  
The use of low viscosity lubricants has been shown to have large effects on the 
fuel economy of internal combustion engines. Inoue et al. [115] showed a 2.7% 
improvement by switching from an SAE grade 10W30 lubricant to a low viscosity 
5W20 with molybdenum friction modifiers. A 1.5% fuel consumption reduction 
was measured when comparisons were made between 5W30 lubricants and super 
low viscosity 0W20 in [56]. As with engine downsizing, the reduction of friction 
through the use of low viscosity lubricants does not synergise well with thermal 
management techniques.  
While targeting fuel consumption reduction over the NEDC is desirable to 
manufacturers both in terms of legislation, and in the marketing of their vehicles, 
it does exclude certain technologies that would be beneficial to drivers in the real 
world. Latent heat stores are not currently eligible for use during official testing 
due to strict starting temperature limits. Results from [45], [44] and [41] all show 
reductions in fuel consumption over a range of drive cycles through use of 
thermal stores.  
The friction equivalence ratio to fuel consumption for the VIPER engine was 
shown to be 1:7, i.e. for every 7% of friction saved, there will be a 1% saving in 
fuel consumption for the NEDC. The required heat input to the oil for this to be 
achieved is 1kW until the engine is warmed. This is reduced if the large sinks are 
decoupled from the oil, and with insulation of the oil mist from the crankcase, it is 
estimated that only 350W would be required. This is a power level that is 
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achievable with current TEG technology. The usefulness of these units is again 
very dependent on the type of cycles under which they are tested. The NEDC is a 
comparatively lightly loaded cycle, which does not provide as much energy in the 
exhaust as would be available during ARTEMIS.  
 
 
7.1 Conclusions 
 
x The improvements made to the model, most importantly the local 
temperature based friction model and oil circuit upgrades including main 
bearing and piston cooling jet representations have allowed for additional 
insight into the behavior of friction during warm up. The responses of 
individual rubbing components to changes in the thermal state of the 
engine can now be separated and analysed. This additional modelling 
capability has allowed for the following observations to be made.  
 
x Under fully-warm operating conditions, the 2.0lGTDI engine has a 
rubbing friction, fmep value of 0.56 bar at an engine speed of 2000 
rev/min and light loads, distributed between piston assembly, crankshaft 
assembly and valvetrain in the proportions 44/15/18/23%. Friction 
increases with engine speed, primarily due to increases in friction at the 
piston-liner interface and in crankshaft and big-end journal bearings which 
operate in the hydrodynamic lubrication regime. Down-speeding (lower 
engine speeds) and down-sizing (higher IMEP values) trends move duty 
parameter to a lower value and contribute to constraints on viscosity if 
hydrodynamic lubrication is to be maintained.       
 
x During a 2000 rev/min warm-up from start temperatures in the range 20-
25°C, the friction contribution of the piston assembly shows the largest 
absolute reduction (0.7 bar) from a cold start, but the reduction in friction 
of crankshaft group is proportionally greater (6.5x).  
 
x Using mid-stroke liner temperature appears to be more suitable for 
evaluating oil viscosity than bulk oil temperature. When cold coolant was 
introduced to the engine, the rate of friction response was not captured 
when oil temperature was used to evaluate the viscosity ratio for piston 
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friction. The oil film in this location has a low thermal capacity, and can 
be assumed to take the temperature of the mid-stroke cylinder liner. When 
this temperature was used to evaluate the viscosity ratio the friction model 
response matched experimental data. 
 
x The mid-stroke liner is a better candidate for thermal efforts to raise 
temperatures than the main bearing feeds as a larger reduction in friction 
can be gained, despite the piston friction being less sensitive to 
temperature. In a 1500 second fixed speed test, raising the mid-stroke liner 
temperature by 10° over its normal temperature profile reduced friction by 
2.3%, versus 1.2% seen when the same was done to the bearing feed 
temperature. 
 
x Promoting bulk coolant to bulk oil heat transfer will reduce total engine 
friction but achieving this is impeded by thermal links of these fluids to 
engine structure. The effectiveness of the filter cooler assembly, typical of 
the size used in light duty automotive applications, is around 20%. 
Sensitivity studies showed a reduction in fuel consumption of 0.4% when 
effectiveness was raised to 100% to simulate perfect coupling. This 
suggests there is little scope to exploit this as a route to increase coolant- 
oil heat transfer with the coolant at its current energy level.  
 
x If the oil is warmed at the expense of the coolant, there will always be a 
reduction in total engine friction. The reduction in friction from the main 
bearings and the big end bearings outweighs the small penalty to piston 
friction. Due to the smaller specific heat capacity of the oil, the oil will 
experience a temperature rise greater in magnitude than the fall in coolant 
temperature.  
 
x The piston cooling jets represent the single most influential heat source for 
the oil, accounting for 56% of total heat transfer to the oil over the 
aNEDC. 
 
x The strong thermal coupling between the oil film and the surrounding 
metal dominates the distribution of frictional dissipation in the main 
bearings.  
 
x The location of the main gallery next to the cylinder liner provides a heat 
source to the oil, and therefore this location is not a candidate for oil 
circuit insulation. 
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x Starting the VIPER engine from a fully warm start will allow a 4.5% 
reduction in fuel consumption over an aNEDC against starting the same 
cycle from ambient temperature. This is attributed to the lower friction of 
the engine when the oil is hot.  
 
x A 7% reduction in friction throughout the cycle is required for a 1% 
reduction in fuel used.  
 
x If external power is available to the engine, it would be better used to 
reduce the ancillary load on the crankshaft than to heat the oil to reduce 
friction. 1kW of additional power would produce a reduction in fuel 
consumption of just under 1% if used to heat the oil. This amount of 
power could instead be used to drive the oil and coolant pumps, for an 
estimated fuel consumption reduction of 4.7%. 
 
x Around 30% of additional energy transferred to the oil will be retained to 
increase the temperature. The rest is lost to the coolant via the engine 
structure. Due to the dependence of piston friction on the mid-stroke liner 
temperature, this still provides some benefit to fuel consumption. 
 
 
 
 
7.2 Future work 
To complement the local temperature friction model, the manner in which the 
PROMETS model describes the interaction between frictional dissipation and heat 
transfer around the piston and the valvetrain should be an area in which further 
model development should be focussed. This would give greater fidelity to the 
friction predictions during warm-up as well as the local oil temperature 
predictions in these regions.  
Modelling work has identified the heat lost from the oil in the crankcase mist as a 
major sink to the oil. Predictions have shown that insulation here would have a 
positive effect on fuel consumption, and experimental data to verify this would be 
advantageous 
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Future developments on VIPER prototype engines will include split coolant and 
oil circuits for the block and cylinder head, and having this functionality in the 
PROMETS model would allow for greater insight into the behaviour of these 
features for added value during ongoing projects.  
A turbocharger model that fully describes the interactions between the 
turbocharger and throttle would lead to better prediction of pumping losses. This 
would position the model to be more relevant to modern SI engines.  
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